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ABSTRACT 

 

 

 

A VIBRO-ACOUSTIC CAE APPROACH FOR ACTIVE NOISE CONTROL 

PREDICTION  

 

by 

 

AHMAD A. ABBAS 

 

Adviser: Zissimos P. Mourelatos, Ph.D. 

This research focuses on a comprehensive analysis and prediction of Active Noise 

Cancellation (ANC) system performance in vehicles, with particular emphasis on the 

structural and acoustic aspects. While acknowledging the significance of electronic 

components and control algorithms in ANC systems, this study focuses on predicting the 

ANC performance using a full vibro-acoustic vehicle model. Additionally, the integration 

of noise management supplier control systems with CAE ANC models is explored. The 

development of a predictive CAE methodology is demonstrated using a road noise 

cancellation example. The process involves several steps including the structural 

behavior of the Trim Body in White (TBIW) structure, the development of a vehicle 

cavity model, the derivation of accurate speaker models, the assessment of speaker 

integration with vehicle doors, and the development of Transfer Paths (TP) from speakers 

to microphones. A novel methodology is presented to quantify the door stiffness 

requirements for optimal speaker ANC performance, incorporating substructuring 

methods and physical testing. The accuracy of the developed CAE models is validated 

using physical testing of circular and oval-shaped speakers integrated into vehicle doors 

and the calculation of transfer paths between each door speaker and microphone locations 



vi 

is demonstrated. The significance of microphone and speaker locations relative to driver 

or passenger ear positions highlights their influence on ANC performance. Finally, a 

controller is developed to test the CAE model and illustrate its functionality using a 

supplier’s controller for sound management. Overall, this research establishes a reliable 

vibro-acoustic CAE ANC model capable of predicting ANC system performance 

accurately by integrating a full vehicle vibro-acoustic model with an ANC controller. 

Such a predictive capability enables optimization and enhancement of vehicle 

performance for noise cancellation, unlocking its full potential in mitigating vehicle 

noise. 
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CHAPTER ONE  

 

INTRODUCTION 

 

 

 

The significance of Noise, Vibration, and Harshness (NVH) concerns in modern 

vehicle development cannot be overstated. Numerous manufacturers are prioritizing 

quieter vehicles, recognizing the direct correlation between sound quality and the 

customer's perceived quality. Consequently, substantial time and resources are being 

invested by vehicle manufacturers to enhance the comfort and tranquility of the vehicle 

cabin. Vehicle cabin noise originates from various sources, including powertrain, road, 

wind, cooling system, pumps, and other systems. Powertrain and road noise pose the 

greatest challenges in terms of control. As much of this noise is transmitted through a 

structure-borne transfer path, it predominantly falls within the low-frequency range and 

comes in a wide range of low frequencies. 

Traditionally, passive control methods have been employed to mitigate noise. 

While effective at middle and high frequencies, they often struggle to address low-

frequency noise adequately. Passive control solutions are typically made of heavy 

materials, leading to increased vehicle weight. Recently, there has been a growing 

demand for lightweighting vehicles, particularly for Battery Electric Vehicles (BEV). 

BEV vehicles tend to feature stiffer tires compared to Internal Combustion Engine (ICE) 

vehicles, which can exacerbate low-frequency noise transmission to the cabin if 

combined with lighter vehicle structures. In such cases, Active Noise Control (ANC) 

methods show promise as evidenced by many applications in the market by noise 

management suppliers such as Harman [1] and Bose [2] . ANC is particularly effective at 
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mitigating low-frequency noise, offering a viable solution to the evolving challenges in 

vehicle NVH management. 

The current vehicle development process in automotive manufacturers extensively 

relies on virtual analysis. With the decreasing duration of the vehicle development cycle, 

Computer-Aided Engineering (CAE) has gained increased significance [3]. 

Consequently, vehicle development teams prioritize early access to information during 

the product development phase. This early insight facilitates prompt product adjustments 

to attain the desired performance standards. Anticipating potential issues and 

performance outcomes at an early stage offers cost and time benefits, ensuring a smooth 

vehicle launch process. For example, the vibrations and sound from a vehicle cooling 

module operating at different fan speeds can be accurately predicted using a specific 

CAE methodology [4].   

In recent times, ANC technology has been integrated into diverse vehicle 

segments, expanding beyond its previous confinement to luxury vehicles [5]. ANC 

employs the sound emitted by speakers to counteract unwanted noise within the vehicle. 

Rooted in acoustics and noise principles, this technology utilizes microphones. The 

signals captured by these microphones undergo analysis, leading to the generation of 

canceling noise using the vehicle's speakers, as shown in  

Figure 1.1. In reality, the vehicle noise is very complex described by a spectrum 

of varying amplitudes across the frequency range. Consequently, to generate anti-noise to 

counter each waveform effectively, the ANC system requires an individual filtration of 

each spectrum, with delineation of its frequency range, generation of out-of-phase 
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frequency noise signals with suitable amplitudes, and a subsequent integration with the 

original signal to reduce cabin noise levels [6]. 

 

Figure 1.1 Schematic of a ANC system 

 

Given the multitude of frequencies within a vehicle noise signal, complete 

cancellation of all frequencies becomes unfeasible. Instead, the ANC system selectively 

targets a narrow band of frequencies and produces an average cancellation. This approach 

notably aids in mitigating vehicle noise. However, it does not cancel the entire noise 

signal. Figure 1.2 shows an example of active noise cancellation for vehicle powertrain 

noise at idle. The absence of active noise cancellation during idle noise is indicated by the 

black line, denoting the noise level detected at the driver microphone location. If the 

ANC system is activated, the noise recorded at the microphone location is shown by the 

red line. The figure demonstrates that noise cancellation is not consistently uniform 

across the engine's RPM spectrum. Specifically, at 700 and 1000 RPM, the cancellation 
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effect is minimal, while in the range of 800 to 950 RPM the ANC system demonstrates 

over 15 dB of noise cancellation. 

 

 

Figure 1.2 A noise canceling example 

 

Several vehicle structural and acoustic features yield a significant influence on the 

effectiveness of ANC. These characteristics can constrain the ANC system's ability to 

effectively reduce noise across specific frequency bands or within distinct areas inside the 

vehicle cabin. As of now, the ANC system development occurs relatively late in the 

vehicle development timeline, relying extensively on hardware availability and intricate 

calibration processes. The vehicle ANC development usually starts with prototype 

vehicles that can be challenging for NVH performance evaluation due to sealing and 

content maturity. Thus, audio engineers typically work on tuning ANC systems after the 

first preproduction vehicles are available. This development approach limits any pre-

hardware design. The number and location of microphones, speakers, amplifier 

requirements, and other ANC system requirements cannot be predetermined. 
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Additionally, ANC performance cannot be predicted, limiting engineering teams to rely 

on ANC noise reduction for cost and weight optimization, as most vehicle NVH 

attributes are designed and evaluated using numerical methods prior to hardware 

availability.  

The currently available CAE methods for ANC are insufficient, providing limited 

pathways to obtain optimal designs for ANC performance. Moreover, further constraints 

emerge from the vehicle development schedule, where critical aspects of the vehicle's 

structure such as door configurations, door carrier modules, and speaker placements are 

finalized during ANC system development. Consequently, any attempts to enhance ANC 

performance through alterations become both economically burdensome and arduous.  
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CHAPTER TWO  

 

PROBLEM DESCRIPTION AND RESEARCH SCOPE 

 

 

 

The ANC system includes many components which are purely electronic parts 

and the quality of their hardware and software is a limiting factor for the ANC system 

performance. Some of these limitations are related to system cancelation strategy 

algorithms, memory, delay, and software among other factors [7].  Other components are 

electromechanical, and their performance directly influences the ANC system capacity. 

In this research, the focus is not in the electronic or control system algorithm domain, but 

on the virtual prediction of ANC performance using a full vibro-acoustic vehicle model. 

Moreover, understanding the structural and acoustics design of vehicle would allow for 

an improved vibro-acoustic design of an ANC system. We will also show that the noise 

management supplier control system can be coupled with a CAE ANC model.  

Figure 2.1 is used as an example to describe the development process of an ANC 

predictive CAE methodology. The example shows the setup for a simple road noise 

cancelation problem.  

 

Figure 2.1 Simplified road noise cancelation setup 
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In this road noise example, the accelerometers detect the vibration from the road 

input and the controller analyzes the signal. Then, based on specific predefined functions 

in the ANC algorithm the amplifier sends anti-noise signal to speakers. The algorithm can 

also be based on other inputs such as vehicle speed. Subsequently, a perceived anti-noise 

by the driver and error mic is generated and the error mic sends a feedback to the 

controller to adjust the anti-noise signal to speakers. The simplified process schematic is 

shown in Figure 2.2.  

 

Figure 2.2 Simplified road noise cancelation schematics 

 

Based on this simple setup it’s clear that we need to develop a CAE modeling 

process that captures the multi-physics nature of this problem described by the following 

six steps. 

First step: The structural part of the vehicle must be studied. This vehicle part is 

usually called Trim Body in White (TBIW). It includes the body structure and the trims 
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as shown in Figure 2.3. A TBIW FE (Finite Element) vibration model must be created 

and verified for correctness and the TBIW modes must be identified and correlated. 

 

Figure 2.3 Vehicle TBIW FE model – body structure (gray), trims (blue) 

 

Second step: Development and verification of a vehicle cavity. Since the 

speakers, microphones and structure are coupled with the cavity it is very important to 

have an accurate vehicle cavity model that can capture the acoustic modes and transfer 

paths as shown in Figure 2.4. In this research, a detailed mathematical modeling of such a 

cavity is demonstrated. 

 

Figure 2.4 Vehicle cavity with relative error mic locations 
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Third step: Development of a speaker model capable to accurately predict the 

acoustics of the vehicle cabin. This model translates specific electrical signals into 

corresponding acoustic outputs. Consequently, it is imperative to establish a CAE 

methodology capable of precisely generating Impulse Responses (IR) from the speakers 

to microphone locations. These IRs are also known as Transfer Paths (TP). During the 

development of ANC systems, these TPs are acquired through physical tests, 

necessitating the utilization of full vehicle hardware. Among the various 

electromechanical components of the ANC system, speakers play a paramount role, as 

they produce the sound required to mitigate unwanted noise in the vehicle cabin. 

Assessing the performance of speakers within a vehicle mandates the implementation of a 

CAE methodology for speaker modeling, thus constituting one of the primary objectives 

of this research. We have developed various speaker modeling techniques in order to 

establish the most accurate one which was verified experimentally.  

 Fourth step: Demonstration that the stiffness of the speaker attachment plays an 

important role in sound signal alteration. Typically, speakers are placed in vehicle doors 

and are supported by door carrier modules, as shown in  

Figure 2.5. The door carrier module has a specific stiffness and vibration response 

to acoustic loading generated by the speaker. This response can interfere with the speaker 

output. Additionally, the door cavity can influence the speaker output since it exhibits 

acoustic modes and interact with various panels and door components. Thus, a specific 

speaker modeling methodology is required to understand the effect of speaker integration 

with the door and vehicle. In this step, we established a novel methodology to quantify 

the door stiffness requirement for optimal speaker ANC performance using a 
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substructuring method. The speaker-door interaction CAE modeling was verified by 

physical testing with circular and oval-shaped speakers. As an example, Figure 2.6 shows 

two doors with different speakers. 

 

Figure 2.5 Typical door speaker system 

 

Figure 2.6 Vehicle with oval and circular speakers 
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Fifth step: Representation of the TP from speaker to microphone locations. Using 

the developed TBIW, cavity, and speaker models, we demonstrated how the TP can be 

developed for each speaker to all microphones in the vehicle. The microphone locations 

used in this research are shown in Figure 2.7. From the FE model, the TP between each 

door speaker and microphone was calculated, and the results were verified 

experimentally. Because the ANC system cannot cancel noise that it cannot detect, the 

microphones and accelerometer locations relative to the driver’s or passenger’s ear 

location are very important. The ANC system relies on speakers to cancel undesirable 

noise. Thus, the location of the speakers is fundamentally important for ANC 

performance as well. 

 

Figure 2.7 Example vehicle microphone locations 
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Sixth step: Development of a basic controller to test the CAE model before 

sharing the model results with a sound management supplier. The objective of developing 

a simple controller is to understand the factors influencing the controller using the CAE 

model. The basic controller is also used to illustrate the CAE model for sound 

management suppliers.     

In summary, the scope of this research is to develop a methodology to create a 

reliable vibro-acoustic CAE ANC model that can predict the ANC performance. When 

the vibro-acoustic performance of the ANC system is correctly predicted, changes can be 

introduced to optimize the ANC performance and achieve a more effective system. 
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CHAPTER THREE  

 

LITERATURE REVIEW 

 

 

 

The earliest experiments on superimposing sound fields were conducted around 

1878 by Lord Rayleigh, who observed interference patterns using synchronized tuning 

forks [8]. While these experiments demonstrated the interference of coherent sound 

fields, patent applications by Coanda and Lueg in the late 19th century aimed at noise 

reduction, with Lueg's proposal being particularly realistic. Lueg's writings are 

considered the first documents of active sound control  [9]. 

Although Lueg suggested using electroacoustic components, laboratory 

experiments were not documented until Olson's work in 1953, where he also envisioned 

potential applications [10]. However, a technical implementation was hindered by 

limitations in electronic equipment and the nonlinear response of human ears to sound 

pressure as shown in Olson’s patent [11]. 

Achieving significant noise reduction requires precise amplitude and phase 

control across all frequencies, a challenge exacerbated by the logarithmic relationship 

between sound pressure and perceived loudness. Overcoming these obstacles took time, 

with the advent of digital adaptive filters in recent years proving to be a breakthrough for 

coherent-active compensation systems, also known as anti-sound [12]. 

Guicking [13] provides an overview of the coherent active control of noise and 

vibration, tracing its development over time. His approach involves either canceling or 

enhancing sound and vibration by adding anti-phase or in-phase signals from external 

sources. Critics historically questioned the efficacy of canceling sound fields, arguing 
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that adding secondary sound sources would only augment the primary field energy rather 

than nullify it, as proposed by the active noise control theory. However, Guicking 

demonstrated that with proper placement and driving of secondary sources, the primary 

energy can be indeed absorbed. In some cases, sources interact to influence radiation 

impedance, reducing sound production. 

ANC has been commonly employed in ICE cars to mitigate the unwanted noise 

generated by the engine. Utilizing microphones strategically placed within the vehicle's 

cabin, ANC systems detect the specific frequencies of the engine noise. Subsequently, 

these frequencies are analyzed and categorized into different orders, representing the 

harmonics produced by the engine. ANC systems then generate sound waves of opposite 

phase through speakers positioned throughout the cabin, targeting each order of engine 

noise individually. By producing these anti-noise waves, ANC effectively cancels out the 

unwanted engine noise across multiple orders, resulting in a quieter and more 

comfortable driving experience for the passengers. This technology not only enhances the 

overall quality of the ride but also contributes to reducing driver fatigue and improving 

the vehicle's acoustic environment. S. Kuo and D.R. Morgan provide an overview of such 

applications [14]. 

Recently, Road Noise Cancelation (RNC) technology is gaining traction in 

vehicle development [2]. Road noise, typically impact the comfort and tranquility of the 

driving experience. Road noise canceling systems utilize accelerometers strategically 

placed inside the vehicle to detect and analyze the specific frequencies of road forces 

resulting in road noise. Using error microphones and advanced algorithms sound waves 

are then generated with opposite phases through speakers positioned throughout the 
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cabin, effectively canceling out the unwanted noise. This technology is particularly 

crucial for Battery Electric Vehicles (BEVs), where the absence of an internal 

combustion engine accentuates other sources of noise, including road and wind noise. By 

minimizing these disturbances, road noise canceling enhances the overall driving 

experience in BEVs, ensuring a quieter and more refined ride for passengers. Recently, 

the practical implementation of RNC technology was discussed by F. Valeri and C. 

Stirlen [2].  

The main purpose of this research is to develop a vehicle vibro-acoustic FE model 

with all input and output channels coupled with the audio management supplier’s control 

system to enable the prediction of ANC system performance. J. Bean [15] has developed 

a modeling method for headset noise canceling using control engineering by applying a 

limited FE methodology to evaluate the ANC performance. Since the near field in the 

headset problem is important, both plane wave and diffuse fields were considered. Even 

though this work is very interesting, it is not directly applicable in solving our research 

problem. J. Lefèvre and U. Gabbert [16] have shown the theoretical background of a 

general finite element simulation tool for the design of actively controlled thin structures 

to reduce the noise radiating and presented a basic FE implementation and vibro-acoustic 

coupling providing a beneficial insight in understanding the needed formulation to solve 

our research problem. 

V. Auweraer et al [17] have developed an extensive optimization tool for FE-

based design of ANC systems. Their approach revolves around reducing the structural 

model to an equivalent low-order state-space model using mathematical reduction 

techniques and curve fitting. In their methodology, the reduced FE model is utilized for 



16 

vibro-acoustics, with the addition of actuators, sensors, and control 1-D simulation 

elements as supplementary optimization parameters. Additionally, they incorporated 

operational data analysis, transfer path analysis (TPA), and panel contribution analysis 

(PCA) approaches into their solution. This integrated approach allows for the selection 

and optimization of the actual location and number of actuators and sensors by 

employing simplified or idealized actuation and control models using "secondary 

sources" in the structural and vibro-acoustical simulation models. However, this approach 

employs a reduced system model for the complete vibro-acoustic mesh, resulting in loss 

of information. Furthermore, the use of rigid boundaries for the acoustic cavity may lead 

to additional loss of information, as fluid-structure interaction (FSI) significantly 

influences the ANC system performance.  

As of present, there has been no proposed methodology for the virtual evaluation 

of the ANC system by integrating a comprehensive Finite Element (FE) vibroacoustic 

model with an audio management control system. Upon reviewing the current literature, a 

detailed, systematic, and clear method has yet to be proposed for the comprehensive 

examination of the structural, acoustical, and vibro-acoustic aspects of vehicles for ANC. 

Researchers have not presented an effective method for analyzing complex cavities and 

addressing high modal density in the higher frequency range. Additionally, the methods 

provided do not encompass an integrated FE modeling technique and analysis method 

capable of predicting the ANC performance of vehicles for different noise sources or 

combined sources of noise to evaluate real-world conditions.  

The modeling method proposed in this research is not focused on the electronics 

of ANC system, the power management, ANC filters or specific noise cancelling 
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algorithms. These topics have been extensively researched and are well understood [18-

22]. Furthermore, it is understood that even though the design of an ANC system is 

usually aiming for maximum attenuation of vehicle cabin noise, in certain cases some 

limitations are considered. For example, in an electric battery vehicle (BEV), it is 

desirable to have a residual error so the driver can have some audible information about 

the Electric Drive Motor (EDM) speed.   

An Active Noise Control (ANC) system encompasses various components, 

including input and output channels such as microphones, accelerometers, speakers, 

subwoofers, amplifiers, and controllers. Creating an accurate representation of these 

physical components in a CAE model requires the utilization of detailed Finite Element 

(FE) modeling techniques. Assuming an accurate FE model and loading, acceleration, 

and acoustic responses are readily available, the modeling of microphones and 

accelerometers may not be necessary. However, achieving precise modeling of speakers 

poses a significant challenge. 

One of the most critical components of an ANC system is the speaker. The 

transfer path between the speaker and the microphones, along with the positions of the 

driver and passengers, represents essential data used by sound management suppliers. 

Many researchers have utilized Finite Element (FE) methods to construct speaker models, 

facilitating the assessment of speaker performance based on the physical characteristics 

of its components.  

A loudspeaker (speaker) is an electroacoustic transducer that converts a specific 

electrical signal into audible sound. First order electro-dynamic behavior of a speaker can 

be described using a classical Thiele and Small 1D model [23, 24]. The analysis of ANC 
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systems requires a detailed Finite Element (FE) model of the speaker that accurately 

predicts the acoustic output for the input electrical signal. Many speaker models have 

been introduced [25-34]. Most of these models have been developed in commercial 

acoustics analysis tools, focusing on the acoustic output of the speaker, and researchers 

have linked acoustic analysis solutions with structural vibratory analysis by coupling 

commercial acoustics and structural analysis codes such as Actran, Abaqus, Cosmol, and 

Nastran [35-40]. 

Y. Hu [41]  has provided insights into modeling various components of the 

speaker, focusing on the cone, the cone edge, and the behavior of air around the voice 

coil. However, his FE model is valuable for the design of the speaker but not substantial 

enough to be integrated into a full TBIW model. Y. Shiozawa et al [42] have 

demonstrated hybrid testing, FE, and Boundary Element (BE) methodology to model the 

loudspeaker by incorporating the experimental modal information of the speaker 

membrane. Their coupled electro-vibro-acoustic model of a loudspeaker considers the 

complexity of the speaker's electric circuit and integrates it into the model. Since their 

aim was to capture the performance of the speaker at higher frequencies, they included 

experimentally obtained speaker diaphragm mode shapes into the model. Their modeling 

strategy provides insights into the functional behavior of the speaker with electromotive 

force (EMF) and back EMF, and the influence of the baffled speaker with vibro-acoustic 

coupling is also shown. The experimental verification of the model shows good 

prediction trends, and in many frequency bands the numerical results correlate with 

testing results. However, in the low ANC frequency operating range (20 to 300 Hz), there 

are discrepancies of about 5 dB or higher that must be understood. 
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The solution for speaker modeling provided by researchers requires detailed 

modeling of speaker components, such as the exact geometry of the speaker diaphragm, 

surround speaker suspension, speaker spider suspension data, speaker moving mass, 

moving air mass, as well as the speaker magnet and coil data [43-45]. These detailed 

models can accurately predict the acoustic output of the speaker but require considerable 

effort to construct. Some researchers have worked on predicting high-frequency noise of 

loudspeakers by examining the nonrigid modes of the loudspeaker diaphragm [46-49]. 

When OEMs acquire speakers from audio suppliers, they usually get very limited 

data for the speakers. Many design parameters and the exact geometry of the speaker are 

their intellectual property and are therefore very reluctant to share. For this reason, one of 

the main objectives of our speaker model development for ANC analysis is the ability to 

model the speaker with limited data that are readily available. To achieve this 

constraining objective a ground up approach for speaker modeling was considered. 

Starting with the most basic acoustic source of a monopole, a closed form solution for 

free field and closed cavity was obtained. Despite existing studies on the theoretical and 

experimental correlation of a monopole source [50, 51], a detailed relationship between 

finite element modeling parameters and theoretical solutions has not been well 

established. 

Furthermore, researchers have shown that the dipole acoustic source represents 

the most fundamental speaker model capable of providing information regarding sound 

directivity [50, 51]. Although a strong agreement between theoretical and experimental 

results is shown, similar to the monopole acoustic source, the influence of finite element 

modeling parameters remains unclear. Researchers have also explored modeling the 
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speaker as a moving piston [53]. While a closed-form solution for the baffled speaker 

model with a moving cone was provided by F. Jacobsen et al [54], the closed-form 

solution for the unbaffled case was not clearly defined. For both the baffled and unbaffled 

cases, finite element modeling parameters were not well-defined for free field and closed 

cavity scenarios. Additionally, researchers investigated the propagation of low-frequency 

near-field sound from speakers [55], although finite element modeling details for the 

moving cone model are unclear. Hence, the necessity for a speaker modeling 

methodology for ANC FE applications is evident. 

Following the development of a comprehensive vibro-acoustic finite element (FE) 

speaker model, it was crucial to consider the impact of the speaker mounting location on 

speaker’s performance. The door carrier module exhibits a distinct vibration response to 

acoustic loading generated by the loudspeaker. This response has the potential to interfere 

with loudspeaker output, resulting in an alteration of sound known as "distortion." 

Moreover, the loudspeaker may induce buzz, squeak, and rattle issues in the door. 

Researchers have examined the structural vibration of doors and carrier modules in 

lightweight structures, demonstrating that door stiffness can significantly contribute to 

speaker sound distortion [56].  

Researchers have extensively investigated Buzz, Squeak, and Rattle (BSR) 

occurrences in doors resulting from audio input [57-63]. They explored the complexities 

involved in detecting and mitigating squeak and rattle issues caused by structural 

vibrations transmitted through speakers in passenger vehicles. Elevated expectations for 

enhanced perceived quality have necessitated stringent standards for minimal interior 

noise and superior speaker sound quality within vehicles. They advocated for the 
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application of finite element methods to accurately simulate speaker-induced structural 

vibrations, extending the analysis to predict potential issues in door systems where 

speakers are mounted. Additionally, they pinpointed the root causes of buzz, squeak, and 

rattle issues and devised effective countermeasures to enhance audio quality by 

reinforcing the door structure. Validation of these methods was conducted through 

correlation with observed issues in physical tests, with audio tests confirming the efficacy 

of the implemented countermeasures. Their findings underscored that reinforcing the 

door inner panel near the speaker mounting significantly reduces speaker-induced buzz, 

squeak, and rattle noise. Emphasizing the significance of addressing speaker-induced 

structural vibrations to achieve desired audio quality benchmarks in passenger vehicles, 

they employed straightforward load assumptions, simplified speaker models, and 

experimental data to assess BSR. Utilizing experimental measurements and numerical 

analysis, they evaluated rattle and squeak in vehicle door trim under varying audio 

system inputs. BSR was quantified using a microphone and a vibration sensor attached to 

the door trim, employing a sweep sine signal across frequencies ranging from 20 Hz to 

100 Hz. Results indicated a strong dependence of BSR on the frequency and sound 

pressure level (SPL) of the input signal, with peaks observed at lower frequencies. 

Detailed modal analysis of the door trim identified resonant frequencies closely aligning 

with those producing the highest BSR, offering insights into potential mitigation 

strategies. Many analysis tools for such BSR problems were developed, with the E-Line 

being one of most used BSR methods, first introduced by J. Weber and I. Benhayoun 

[64]. 
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Moreover, researchers have investigated the impact of door structure on audio 

quality [65]. They have examined the challenges associated with achieving optimal audio 

quality in car audio systems, with a specific focus on the response of the car door to audio 

load. Their findings revealed that while the door functions as a cabinet, influencing the 

loudspeaker response, it also emits undesirable sound through the inner door panel. 

Employing FE modeling as a tool to address the acoustic response of the loudspeaker and 

the door, they proposed a hybrid modeling approach. This approach integrates a classical 

Thiele and Small 1D model for the loudspeaker with a 3D finite element model for the 

door. Furthermore, they validated the effectiveness of this approach using experimental 

frequency response functions, demonstrating strong agreement between measured and 

computed responses. They have claimed that the proposed model could also predict 

instances of squeak and rattle resulting from audio system operation. However, their 

proposed methodology necessitates highly detailed information about the loudspeaker. 

Also, the integration of the 1D speaker model into the 3D vibro-acoustic FE model 

remains a challenge [66-67]. 

Other researchers have employed detailed loudspeaker, door, and vehicle Finite 

Element (FE) models to assess sound quality parameters such as clarity and loudness 

[68]. They have provided an overview of various sound-field simulation tools suitable for 

modeling acoustic and vibro-acoustic phenomena occurring when loudspeakers interact 

with passenger compartments and door cavities. The study incorporates vibro-acoustic 

effects, including speaker membrane vibrations coupled with door cavity acoustic 

pressures and vibrations on the door trim, utilizing coupled structural and acoustic FE 

methods and Boundary Element formulations. Additionally, they utilized beam-tracing 
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algorithms to synthesize binaural impulse responses and derive interaural cross-

correlation coefficient (IACC) maps for modeling high-frequency sound fields. The 

performance of a vehicle audio system at low frequencies is closely linked to cabin 

modes, emphasizing the importance of positioning woofer loudspeakers to couple with 

these modes. The researchers demonstrated that door vibrations significantly impact 

sound quality at frequencies below 500 Hz. Furthermore, they highlighted the 

significance of door acoustics and the challenges associated with mounting loudspeakers 

in inner door panels. Beyond 500 Hz, the sound field within vehicle interiors is primarily 

influenced by intricate interference effects between direct and reflected waves from 

surfaces such as glass windows, dashboards, carpet floors, and rooflines. These 

reflections contribute to sound coloration and influence the subjective perception of 

sound image and sound stage. In conclusion, they asserted that sound-field simulation 

software can expedite development processes and enhance in-vehicle audio sound quality 

by predicting acoustic and vibro-acoustic parameters of small rooms, cabin modes, and 

door acoustics. Numerous efforts were done to reduce the vehicle door weight, as 

highlighted in [69] investigating the impacts of different materials and manufacturing 

processes on door module carrier stiffness. The findings reveal that the utilization of 

advanced materials like carbon fiber or composites, alongside advanced manufacturing 

techniques such as injection molding, can notably enhance stiffness while simultaneously 

reducing weight. 

Researchers further explored the door's crashworthiness, examining how door 

module carrier stiffness influences vehicle crash safety [70]. Their investigation 

concluded that a stiffer door module carrier can effectively distribute impact forces more 



24 

evenly during a crash, thereby mitigating the risk of passenger injury. Overall, this study 

shows that enhancing the stiffness of the vehicle door module carrier can enhance vehicle 

safety performance. However, determining the optimal stiffness level may depend on 

various factors including vehicle design, materials, and manufacturing processes. 

Additionally, researchers observed that augmenting the door module carrier stiffness can 

enhance the vehicle overall structural rigidity, thereby diminishing noise, vibration, and 

harshness levels. Consequently, this improvement can contribute to a more comfortable 

driving experience for passengers. 

In summary, the existing literature does not provide a comprehensive overview or 

methodology to comprehend the diverse distortions that could impact the door speaker 

and vehicle system. Furthermore, there is no proposed methodology for evaluating the 

stiffness requirements for door speaker attachment points at the component level for 

optimal active noise cancelation system performance. 
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CHAPTER FOUR  

 

DEVELOPMENT AND VERIFICATION OF CAE TBIW MODEL 

 

 

 

4.1 Review of the Full TBIW Vehicle FE Model   

To showcase the capability of predicting active noise cancellation within a 

comprehensive vehicle framework, we employ a complete vehicle example. A vehicle 

NASTRAN FE model represents a full-size unibody Sport Utility Vehicle (SUV), 

including all TBIW vehicle components. This presentation outlines the TBIW model 

verification process for accuracy, and highlights some of the correlation studies between 

physical testing and FE modeling.  

The accuracy of the TBIW model for vibro-acoustic analysis has been evaluated. 

Figure 4.1 shows the structural finite element model with approximately 11 million 

degrees of freedom (DOFs). The model has a relatively large number of DOFs. Many 

components such as IP, IP trims, steering, seats, carpet, and other trim are included 

yielding a relatively large model. 

 

Figure 4.1 TBIW FE model 

 



26 

4.1.1 Element Types for Structural Model 

Table 4.1 lists all structural element types used in constructing the TBIW model, and the 

number of each element type. The elements utilized in constructing this TBIW FE 

NASTRAN model are common in the automotive industry. 

Table 4.1  

TBIW Element Types 

Element Type Number of Elements 

CBAR 202 

CBEAM 1183 

CBUSH 7 

CELAS1 2620 

CELAS2 29 

CONM2 1922 

CQUAD4 1410391 

CTRIA3 99299 

RBE2 56002 

RBE3 102051 

 

4.1.2 Number of Modes in the TBIW Model  

Figure 4.2 and Figure 4.3 show the modal density of the TBIW in the 0 to 300 Hz 

range, indicating approximately 3000 modes. As anticipated, the modal density increases 

at higher frequencies. At lower frequencies, the structural response tends to be dominated 

by global, low-frequency modes, resulting in relatively fewer modes within the given 

frequency range. However, as the frequency rises, the structural behavior becomes more 

localized and intricate, leading to the emergence of numerous higher-frequency modes. 

These modes capture the finer details of the structural response, including localized 

deformations, resonances, and interactions between different components. 
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Figure 4.2 Mode density of TBIW structural model 

 

 

Figure 4.3 Histogram of mode density of TBIW structural model 
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4.1.3 Sufficient Element Size in Frequency Range of Interest    

 Linear vibrations are the result of traveling linear waves at a specific rotational 

frequency 𝜔 (rad/sec) or wave number 𝑘  

  ω=2πf=kc     where      k=
2π

λ
 (4.1) 

where f is the frequency in Hz, λ is the wavelength, and c is the wave speed of the 

medium (air for acoustics, and steel for example for a structural part). Combining the two 

equations yields 

𝜆 =
𝑐

𝑓
 

indicating that the wavelength 𝜆 is inversely proportional to the frequency f. As it was 

shown by S. Roth  [71] , to represent accurately a harmonic wave of length 𝝀, we must 

have an element size of  
𝜆

16
 ; i.e., we must have 16 elements per wavelength. In our 

model, to be accurate up to 300 Hz in linear acoustics in air (c = 341 m/s), the element 

size must be smaller than 
1

16

341

300
= 0.071 𝑚 or 71.2 mm. For a structural part made of 

steel, the wave speed is 5100 m/s resulting in an element size of 
1

16

5100

300
= 1.06 𝑚 for 

accuracy up to 300 Hz. This element size is obviously impractical and cannot capture the 

modes in vehicle structure. This is because this element size does not capture the 

vibration characteristics of structures with complicated geometry subjected to specific 

boundary conditions. 

It is known that a structural vibratory motion is a linear combination of the modes 

up to the frequency of interest. This is the basic idea of a “modal” model. It is important 
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therefore, to accurately represent all mode up to the highest frequency of interest. The 

following approach is recommended.  

Using a generated mesh based on “common practice” rules, we calculate all 

modes of interest – both natural frequencies and corresponding mode shapes. Some 

modes are local, and some are global. For the former, the mode shape is almost zero 

everywhere in the structure except at a local region. From a visual inspection of the 

mode, we can estimate an “effective” length li and the number of nodes n (location with 

zero displacement) along the effective length li. To capture the shape of the mode 

between two subsequent nodes, we may use 4 to 6 elements resulting in an average 

element length of li/4 if four elements are used. The li/4 length provides an average 

element size for an appropriate mesh density to accurately estimate that local mode. 

As an example, consider the longitudinal vibration of a fixed-free rod of length l 

[72]. 

 

With the nth mode shape being 

  𝑈𝑛(𝑥) =
𝐶𝑛𝑠𝑖𝑛 (2𝑛 + 1)𝜋𝑥

2𝑙
 (4.2) 

indicating that the length between two nodes for the nth mode shape is 
2l

(2n+1)
. Thus, the 

required average element size to capture the nth mode accurately is  
1

4

2𝑙

(2𝑛+1)
. In our 

 



30 

vehicle FE model, a similar approach was used to evaluate the mesh size for various 

components.  

4.1.4 TBIW Model Quality 

The TBIW model underwent a rigorous evaluation using diverse techniques to 

confirm its quality and accuracy. An initial assessment used the rigid body modes to 

validate the accuracy of the TBIW FE model. In an error-free, unconstrained model, the 

initial six modes are expected to be rigid body modes, theoretically possessing a zero 

frequency. However, practical constraints such as numerical errors and finite mesh size 

could prevent the attainment of a zero frequency. As such, these six rigid body modes 

should be at least four orders of magnitude lower than the first elastic mode to ensure 

model integrity. A free-free model necessitates the presence of precisely six rigid body 

modes. Failure to meet this criterion renders the model unsuitable for analysis. Moreover, 

the presence of more than six modes with frequencies nearing zero suggests the existence 

of mechanisms, often attributable to suboptimal mesh quality, such as disconnected 

meshed components. 

Since the TBIW model first flexible mode is 10 Hz, the rigid body modes should 

be ideally at frequencies less than 1.0E-03 Hz. The frequencies of the first six structural 

modes of the base TBIW model are listed in Table 4.2. clearly indicating rigid body 

modes. 
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Table 4.2  

First six modes of TBIW structural model 

Mode Number  Frequency (Hz) 

1 1.19E-04 

2 1.05E-04 

3 1.53E-04 

4 2.67E-04 

5 6.30E-04 

6 6.49E-04 

 

The second quality assessment was the 1G-test, which examines the model's 

connectivity. This evaluation determines whether any subsystems are inadequately 

attached or if there are unexpected alterations in mass distribution. Employing a suitable 

array of boundary conditions, specifically, fixtures at the front and rear shock nodes, the 

structure underwent loading equivalent to a unit gravity force. The resulting displacement 

profile, shown in Figure 4.4, reveals a maximum displacement of approximately 1mm, 

suggesting the model's overall validity. Notably, no segments of the structure exhibit 

disproportionately large displacements, affirming its coherence and reliability. 

 

Figure 4.4 TBIW displacement response plot for the 1G load test 
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The third validation check for the TBIW FE model is the enforced displacement 

test, designed to assess the structural rigidity across all nodes. This examination involves 

fixing a single node at the front shock location in all six degrees of freedom (DOFs), 

while permitting unrestricted movement for all other nodes within the model. 

Subsequently, an enforced displacement was applied sequentially to each DOF of the 

designated node, with our study focusing on the left front shock node. 

For each of the six tests conducted (one per DOF), both visual and numerical 

analyses were performed on the displacement counter plots for the entire model. 

Specifically, the expected displacement for all grids in that DOF upon applying a unit 

displacement in a particular DOF (e.g., x-axis), should be equal to 1. 

In the case of extensive structures like the TBIW model, this verification process 

is efficiently executed using a post-processing tool to visualize the deformed shape. 

Figure 4.5 shows the displacement contour plot resulting from a unit displacement in the 

x-axis DOF of the front shock node while the remaining five DOFs of the node remained 

constrained. 

 

Figure 4.5 Displacement contour plot for a unit displacement of first DOF front shock 
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As shown, all nodes of the vehicle exhibit a unit displacement of 1.0 in the x 

direction. The same is observed when the unit displacement is enforced on the front 

shock node in the other 5 DOFs one by one. 

4.1.5 TBIW Structural Damping Assumptions 

Damping in materials is due to energy dissipation from the friction among the 

molecules as the material flexes. The exact physical mechanism of damping is almost 

impossible to model theoretically. For this reason, approximate damping models are used 

which at best are calibrated using experimental results from modal analysis. The latter is 

used to measure among others, the so called “modal damping” which represents the 

damping at a particular resonance condition only. The measured modal damping for two 

resonances (one at a low frequency and one at a high frequency) is commonly used to 

estimate two parameters in the so-called “structural damping” (or “proportional 

damping”) approximation model. Modal damping assumes that the damping matrix in the 

time domain is proportional to the stiffness matrix and the mass matrix as shown in 

Equation (4.3). 

  [𝐶] = 𝛼[𝑀] + 𝛽[𝐾] (4.3) 

where [𝐶] is the damping matrix and [𝑀] and [𝐾] are the mass and stiffness matrices, 

respectively. The two constants 𝛼 and 𝛽 are calculated using the two measured modal 

damping values at a low and a high frequency, respectively. For metallic structures, the 

modal damping at any resonance is between 2% and 3% [73]. In this study, we assume a 

3% modal damping at all resonances based on past experience.  
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4.2  TBIW Vehicle Model Correlation with Physical Testing 

Global modes are of paramount importance in Finite Element Analysis (FEA) for 

vehicle full-body structural design. These modes represent the fundamental vibrational 

characteristics of the entire vehicle body, including its BIW structure and trims 

interconnected components. Understanding and accurately predicting these global modes 

is critical in FEA modeling to show the fundamental mass and stiffness matrix are 

representative of the physical vehicle. To ensure the vehicle FE model is accurate we 

used a four-post shaker to excite the vehicle TBIW modes. A four-post shaker is a 

specialized testing equipment used to simulate various road conditions and vibrations 

experienced by vehicles. It employs four hydraulic or electromagnetic actuators to 

replicate real-world forces on the vehicle chassis. This setup allows for precise control 

over frequency, amplitude, and direction of vibrations. The results show good agreement 

between frequency and mode shape of the vehicle TBIW as shown in Table 4.3. 

 

Table 4.3  

TBIW mode comparison between test and CAE 

 

The mode shape comparison for the global modes between physical testing and 

FE model show good agreement as shown in Figure 4.6 to Figure 4.8. Moreover, a 

Mode Description 
Frequency difference between 

Experimental and FE, Hz 

Torsion 0.1  

Lateral Bending 0.6 

Vertical Bending 0.2 
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comprehensive verification of numerous system and panel modes, including those of the 

sunroof and liftgate, was conducted. It was observed that the frequency associated with 

the sunroof mode exhibited a small deviation of 0.2 Hz between physical testing and FE 

model simulation. Furthermore, the mode shape derived from the FE model closely 

resembled the observed physical testing mode, as illustrated in the Figure 4.9. These 

results show good correlation between TBIW FE model and the physical testing.  

 

 

Figure 4.6 TBIW global torsion mode 
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Figure 4.7 TBIW global bending mode 

 

 

Figure 4.8 TBIW global lateral mode 
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Figure 4.9 Sunroof / roof mode 

 

4.3 Summary  

This Chapter presented details of the full TBIW vehicle FE model used in this 

research, indicating its accuracy compared to verification tests. The structural finite 

element model has approximately 11 million degrees of freedom, reflecting a detailed 

representation of various vehicle components. Modal density analysis reveals 

approximately 3000 modes in the 0 to 300 Hz range. To ensure accuracy, a mesh size 

evaluation was conducted based on mode shapes and their frequencies.  

Quality assessments included a rigid body mode analysis, 1G-tests, and enforced 

displacement tests, all confirming the model's validity and accuracy. Correlation with 

physical testing, particularly concerning global modes and panel modes, showed good 

agreement in frequency and mode shape between the FE model and experimental results.  
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CHAPTER FIVE  

 

DEVELOPMENT AND VERIFICATION OF CAE CLOSED CAVITY MODEL 

 

 

 

This chapter provides a comprehensive overview of the vehicle cavity acoustic 

analysis. It starts with the wave equation and the derivation of its normal modes for one-

dimensional (1-D) closed cavities. Subsequently, a CAE model is developed to validate 

the efficacy of the employed CAE methodology. Next, the solution from the 1-D closed 

cavity model is extended to consider a three-dimensional (3-D) closed cavity model. To 

verify the accuracy of the CAE modeling approach for 3-D closed cavities, a CAE model 

is established. Additionally, leveraging a monopole acoustic source formulation which is 

discussed in Chapter 6, and utilizing physical testing of vehicle cavities, a high level of 

agreement between test results and Finite Element (FE) analysis is observed. 

5.1 Importance of Acoustic Mode Shape and Cavity Excitation Characteristics  

The cavity mode shapes provide very important information about the cavity 

acoustic characteristics. For a cavity mode the pressure distribution and acoustic modal 

points provide useful information.  An acoustic modal node is a point where the wave has 

zero amplitude. The opposite is an acoustic modal anti-node; i.e. a point where the 

amplitude of the standing wave is maximum. Figure 5.1 illustrates this using the first 

three flexible modes of an one-dimensional cavity. 
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Figure 5.1 Acoustic modal nodes and anti-nodes 

 

If the system is excited at a node, the response is zero. In contrast, if it is excited 

at an anti-node the response is maximum. In general, regardless of the point of excitation, 

the node points always have a very low response. Figure 5.2 shows the characteristics of 

the first flexible mode of an SUV acoustic cavity and the corresponding mode shape. 

 

Figure 5.2 Typical pressure distribution for 1st flexible cavity mode of a SUV 
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The second flexible mode of the acoustic cavity and corresponding mode shape is 

shown in Figure 5.3.  

 

Figure 5.3 Typical pressure distribution for 2nd flexible cavity mode of a SUV 

 

As expected, the first and second cavity modes in this example have different 

nodal points. For the first mode, the rear speakers are at a nodal point and thus the cavity 

excitation form these speakers is expected to be minimal. Thus, it would be difficult to 

produce canceling noise using the rear speakers around the first flexible mode frequency 

band.  In contrast, in frequency range dominated by the second flexible mode both rear 

and front speakers could produce maximal canceling noise in ANC since both are at an 

anti-node nodal point. In later sections, the number of speaker and microphone locations 

will be further considered regarding the vehicle cavity distortion effect.  

5.2  The Wave Equation 

A mathematical description of the wave equation can be obtained by combining 

the equations of conservation of mass, Euler momentum equation and the state equation 
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for an ideal gas (air) under adiabatic conditions. Because the acoustic pressure is several 

orders of magnitude smaller than the atmospheric pressure, a linearized wave equation 

can be obtained which is partial differential equation of second order in terms of the 

sound pressure p [74] 

 
𝜕2𝑝

𝜕𝑥2
+

𝜕2𝑝

𝜕𝑦2
+

𝜕2𝑝

𝜕𝑧2
=

1

𝑐2

𝜕2𝑝

𝜕𝑡2
 (5.1) 

in a Cartesian (x, y, z) coordinate system. Here, t denotes time and c is the speed of sound 

expressed as  

 𝑐 = √
𝛾𝑝0

𝜌
= √𝛾𝑅𝑔𝑇𝑔 (5.2) 

where p is in Pascals (1 Pa = 1 N/m^2), ρ is the density and  is the ratio of the specific 

heat at constant pressure to that at constant volume (  =1.401 for air). Rg is the gas 

constant (Rg = 287 J·kg-1K-1 for air), p0 is the atmospheric pressure (101.3 kPa for air 

under normal ambient conditions), and Tg is the absolute temperature [75]. From 

Equation (5.2), we have 

 𝜌 =
𝑝0

𝑅𝑔𝑇𝑔
 (5.3) 

At 293.15 K (= 20°C) the speed of sound in air is 343 m/s. Under normal ambient 

conditions (20°C, 101.3 kPa) the density of air is 1.204 kgm-3.  

The linearity of the wave equation implies that a sinusoidal source will generate a sound 

field in which the pressure at all positions varies sinusoidally. It also implies linear 

superposition. The wave equation can be solved using appropriate boundary conditions 

which are often expressed in terms of the particle velocity. For example, the normal 
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component of the particle velocity u is zero on a rigid surface. Therefore, we need an 

additional equation that relates the particle velocity to the sound pressure. This relation is 

known as the Euler’s momentum equation, 

 𝜌
𝜕𝑢

𝜕𝑡
+ 𝛻𝑝 = 0  (5.4) 

which is simply Newton’s second law for fluids. The operator 𝛻 denotes the gradient. 

Note that the particle velocity is a vector and the sound pressure is a scalar. 

5.3 Pressure Equation (Sound Plane Waves) 

The plane wave is a central concept in acoustics. For plane waves, any acoustic 

variable at a given time is a constant on any plane perpendicular to the direction of 

propagation. Such waves exist in a duct, for example. It should be noted spherical wave 

in the far field can be approximated by plane waves. The plane wave is a solution to the 

following one-dimensional wave equation, which is simply derived from Equation (5.1) 

 
𝜕2𝑝

𝜕𝑡2
= 𝑐2

𝜕2𝑝

𝜕𝑥2
  (5.5) 

It is easy to show that 

 𝑝 = 𝑓1(𝑐𝑡 − 𝑥) + 𝑓2(𝑐𝑡 + 𝑥) (5.6) 

where 𝑓1 and 𝑓2 are arbitrary functions, is the general solution to Equation (5.5). Since the 

argument of 𝑓1 is constant if x increases as ct increases, the first term of this expression 

represents a wave that propagates in the positive x-direction with constant speed, c, 

whereas the second term represents a similar wave travelling in the opposite direction. 

Thus, 𝑓1 represents a forward moving wave and 𝑓2 represents a backward moving wave. 

The special case of a harmonic forward moving plane wave is of great 

importance. It represents the solution of the linear wave equation which can be easily 
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obtained using the separation of variables solution method. Harmonic waves are 

generated by sinusoidal sources such as a loudspeaker driven with a pure tone. A 

harmonic plane wave pressure propagating in the x-direction can be written as 

 𝑝 = 𝑝1 𝑠𝑖𝑛 (
𝜔

𝑐
(𝑐𝑡 − 𝑥) + 𝜑) = 𝑝1 𝑠𝑖𝑛(𝜔𝑡 − 𝑘𝑥 + 𝜑) (5.7) 

where  𝜔 = 2𝜋𝑓 is the angular (or radial) frequency and ck /=  is the (angular) wave 

number. The quantity 𝑝1 is the amplitude of the wave, and   is a phase angle. At any 

position in this sound field, the sound pressure varies sinusoidally with the angular 

frequency 𝜔 and at any fixed time the sound pressure varies sinusoidally with x with the 

spatial period 

 𝜆 =
𝑐

𝑓
=

2𝜋𝑐

𝜔
=

2𝜋

𝑘
 (5.8) 

where  is the wavelength defined as the distance travelled by the wave in one cycle. 

Note that the wavelength is inversely proportional to the frequency. The audible 

frequency range is approximately from 20 Hz to 20 kHz, implying that wavelengths (in 

air) are in the range of 17 m at the lowest audible frequency to 17 mm at the highest 

audible frequency. The wave analysis can be simplified if the wavelength is very long or 

very short compared with typical dimensions. 

5.4 Normal Modes of 1-D Cavity  

The wave equation can be solved using the separation of variables approach if the 

response is a harmonic wave. This happens if the excitation (e.g., vibratory motion of the 

source) is harmonic.  

Separation of variables assumes that the pressure is a product of separate 

functions in space and time, as 
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 𝑝(𝑥, 𝑡) = 𝑃(𝑥) ∗ 𝑇(𝑡) (5.9) 

resulting in  

 𝜕2𝑝

𝜕𝑥2
=

𝜕2[𝑃(𝑥) ∗ 𝑇(𝑡)]

𝜕𝑥2
=

𝜕2[𝑃(𝑥)]

𝜕𝑥2
∗ 𝑇(𝑡) 

𝑎𝑛𝑑      𝜕2𝑝

𝜕𝑡2
=

𝜕2[𝑃(𝑥) ∗ 𝑇(𝑡)]

𝜕𝑡2
= 𝑃(𝑥) ∗

𝜕2[𝑇(𝑡)]

𝜕𝑡2
 

Therefore, substitution in the wave Equation (5.5) yields 

𝑃(𝑥) ∗
𝜕2[𝑇(𝑡)]

𝜕𝑡2
= 𝑐2 𝑇(𝑡) ∗

𝜕2[𝑃(𝑥)]

𝜕𝑥2
 

or 
𝜕2[𝑃(𝑥)]

𝜕𝑥2
∗

1

𝑃(𝑥)
𝑐2 =

𝜕2[𝑇(𝑡)]

𝜕𝑡2
∗

1

𝑇(𝑡)
= −𝜔2  (5.10) 

where 𝜔2 is a constant. Because the left-hand side is a function of x and the right-hand 

side is a function of t, both terms must be equal to a constant. Equation (5.10) results in 

the following two ordinary differential equations (ODEs) 

 
𝜕2[𝑃(𝑥)]

𝜕𝑥2
+

𝜔2

𝑐2
 𝑃(𝑥) = 0 (5.11) 

and 

 
𝜕2[𝑇(𝑡)]

𝜕𝑡2
+ 𝜔2 𝑇(𝑡) = 0  (5.12) 

The solution to Equation (5.11) is the following harmonic function 

 𝑃(𝑥) = 𝐴 ∗ 𝑐𝑜𝑠 (
𝜔𝑥

𝑐
) + 𝐵 ∗ 𝑠𝑖𝑛 (

𝜔𝑥

𝑐
) (5.13) 

where A and B are constants to be calculated from boundary conditions. Similarly, the 

solution to Equation  (5.12) is the harmonic function 

 𝑇(𝑡) = 𝐶 ∗ 𝑐𝑜𝑠(𝜔𝑡) + 𝐷 ∗ 𝑠𝑖𝑛 (𝜔𝑡) (5.14) 

where C and D are constants to be calculated from initial conditions. 
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Using Equations (5.9), (5.13) and (5.14), the general solution for the acoustic 

pressure is 

𝑝(𝑥, 𝑡) = (𝐴 ∗ 𝑐𝑜𝑠(𝑘𝑥) + 𝐵 ∗ 𝑠𝑖𝑛(𝑘𝑥)) ∗ (𝐶 ∗ 𝑐𝑜𝑠(𝜔𝑡) + 𝐷 ∗ 𝑠𝑖𝑛(𝜔𝑡)) (5.15) 

where 𝑘 =
𝜔

𝑐
  is the wavenumber. 

Now a simple One-dimensional model will be considered, and the normal modes 

will be calculated. We assume the medium is air, as it can be seen the wave a is a 

compression wave traveling along L.  

 Now, a simple one-dimensional model is considered to calculate the normal 

acoustic modes. For that, only the space part of the general solution Equation (5.13) is 

used. For rigid wall (x = 0 and x = L) boundary conditions, the particle velocity is zero 

and thus the Euler’s Equation (5.4) results in 
𝜕𝑝

𝜕𝑥
= 0. Because differentiation of Equation 

(5.13) yields  

𝑑𝑝(𝑥)

𝑑𝑥
= −𝐴𝑘𝑠𝑖𝑛(𝑘𝑥) + 𝐵𝑘𝑐𝑜𝑠(𝑘𝑥) 

application of the boundary conditions results in 
𝑑𝑝(0)

𝑑𝑥
=

𝑑𝑝(𝐿)

𝑑𝑥
= 0 or 𝐵𝑘 = 0 yielding B 

= 0 and −𝑘𝐴𝑠𝑖𝑛(𝐿𝑘) = 0 . The latter results in 𝐿𝑘 = 𝑛 ∗ 𝜋 where 𝑛 = 0, 1, 2, … Since 

𝑘 =
𝜔

𝑐
 we have 𝜔 =  

𝑛𝜋

𝐿
 𝑐 and 𝑝(𝑥) = 𝐴𝑐𝑜𝑠(

𝑛𝜋

𝐿
 𝑥). The last relation shows that the 

acoustic mode shapes in the 1-D cavity corresponding to a non-zero natural frequency 

are: 

 𝑐𝑜𝑠 (
𝑛𝜋

𝐿
 𝑥) , 𝑛 = 1, 2, 3, … (5.16) 
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For a rectangular box cavity of length L = 3400 mm and of square cross section 

with each side equal to 100 mm, Table 5.1 shows the first exact acoustic natural 

frequencies. 

Table 5.1  

Exact natural Frequencies of 1-D Cavity 

n Ang Freq (Rad) Freq (Hz) 

0 0.00 0.00 

1 314.00 50.00 

2 628.00 100.00 

3 942.00 150.00 

4 1256.00 200.00 

 

The above natural frequencies are verified using a FE model for this 1-D cavity. 

The FE analysis is based on MSC.NASTRAN version 2013 or higher [76]. The selected 

length of 3400 mm must be at least ten times longer than the other two dimensions (100 

mm each) defining the cross-section. The element size is based on the frequency range of 

interest. For a specific frequency, there will be a corresponding wavelength λ which is 

inversely proportional to the frequency f. To represent accurately a harmonic wave of 

length λ, we must have an element size of   λ/16. In this example, the frequency range of 

interest is up to 200 Hz. Thus, the element size must be smaller than 107 mm. We have 

chosen 100 mm for our mesh to satisfy this requirement. The acoustic FE model consists 

of NASTRAN PSOLID fluid elements with 140 fluid nodes and the structural FE model 

includes thirty-four CHEXA solid elements. 

Figure 5.4 shows the 1-D pressure eigenvectors and the corresponding natural 

frequencies. The red color corresponds to positive pressure values, the blue color 
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indicates negative pressure values and the green represents zero pressure. The results 

show excellent correlation with the analytical natural frequencies of Table 5.1. 

 

Figure 5.4 1-D cavity natural frequencies and eigenvectors from FE model 
 

5.5 Normal Modes of a 3-D Cavity  

5.5.1 Closed Form Solution for Modes of Three-Dimensional Cavity   

We have shown that the wave equation is written as 

𝜕2𝑝

𝜕𝑡2
= 𝑐2[

𝜕2𝑝

𝜕𝑥2
+

𝜕2𝑝

𝜕𝑦2
+

𝜕2𝑝

𝜕𝑧2
] 

or equivalently as 

 𝛻2𝑝 =
1

𝑐2

𝜕2𝑝

𝜕𝑡2
 (5.17) 

We use again the separation of variables method to solve it. We assume that the 

solution is of the form 

 𝑝(𝑥, 𝑦, 𝑧, 𝑡) = 𝑃1(𝑥) ∗ 𝑃2(𝑦) ∗ 𝑃3(𝑧) ∗ 𝑇(𝑡) (5.18) 

resulting in 
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𝜕2𝑝

𝜕𝑥2
=

𝜕2[𝑃1(𝑥) ∗ 𝑃2(𝑦) ∗ 𝑃3(𝑧) ∗ 𝑇(𝑡)]

𝜕𝑥2

=
𝜕2[𝑃1(𝑥)]

𝜕𝑥2
∗ 𝑃2(𝑦) ∗ 𝑃3(𝑧) ∗ 𝑇(𝑡) 

(5.19) 

𝜕2𝑝

𝜕𝑦2
=

𝜕2[𝑃1(𝑥) ∗ 𝑃2(𝑦) ∗ 𝑃3(𝑧) ∗ 𝑇(𝑡)]

𝜕𝑦2

= 𝑃1(𝑥) ∗
𝜕2[𝑃2(𝑦)]

𝜕𝑦2
∗ 𝑃3(𝑧) ∗ 𝑇(𝑡) 

(5.20) 

𝜕2𝑝

𝜕𝑧2
=

𝜕2[𝑃1(𝑥) ∗ 𝑃2(𝑦) ∗ 𝑃3(𝑧) ∗ 𝑇(𝑡)]

𝜕𝑧2

= 𝑃1(𝑥) ∗ 𝑃2(𝑦) ∗
𝜕2[𝑃3(𝑧)]

𝜕𝑧2
∗ 𝑇(𝑡) 

(5.21) 

𝜕2𝑝

𝜕𝑡2
=

𝜕2[𝑃1(𝑥) ∗ 𝑃2(𝑦) ∗ 𝑃3(𝑧) ∗ 𝑇(𝑡)]

𝜕𝑡2

= 𝑃1(𝑥) ∗ 𝑃2(𝑦) ∗ 𝑃3(𝑧) ∗
𝜕2[𝑇(𝑡)]

𝜕𝑡2
 

(5.22) 

Substitution of Equations (5.19) through (5.22) in equation (5.17)  and division by 𝑃(𝑥) ∗

𝑃(𝑦) ∗ 𝑃(𝑧) yields  

𝜕2[𝑇(𝑡)]

𝜕𝑡2

1

𝑇(𝑡)
= 𝑐2 ∗ (

1

𝑃(𝑥)

𝜕2[𝑃1(𝑥)]

𝜕𝑥2
+

1

𝑃(𝑦)

𝜕2[𝑃2(𝑦)]

𝜕𝑦2

+
1

𝑃(𝑧)

𝜕2[𝑃3(𝑧)]

𝜕𝑧2
) 

(5.23) 

The above equation holds only if the left-hand side and the right-hand side are each equal 

to a constant (say – 𝜔2). In this case, we have 

𝜕2[𝑇(𝑡)]

𝜕𝑡2

1

𝑇(𝑡)
= −𝜔2 
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or 𝜕2[𝑇(𝑡)]

𝜕𝑡2
+ 𝜔2𝑇(𝑡) = 0 

(5.24) 

and −𝜔2

𝑐2
=

1

𝑃(𝑥)

𝜕2[𝑃1(𝑥)]

𝜕𝑥2
+

1

𝑃(𝑦)

𝜕2[𝑃2(𝑦)]

𝜕𝑦2
+

1

𝑃(𝑧)

𝜕2[𝑃3(𝑧)]

𝜕𝑧2
 

(5.25) 

  Then, if  
𝑘2 =

𝜔2

𝑐2
= 𝑘𝑥

2 + 𝑘𝑦
2 + 𝑘𝑧

2 
(5.26) 

Equation (5.25) becomes 

−(𝑘𝑥
2 + 𝑘𝑦

2 + 𝑘𝑧
2) =

1

𝑃(𝑥)

𝜕2[𝑃1(𝑥)]

𝜕𝑥2
+

1

𝑃(𝑦)

𝜕2[𝑃2(𝑦)]

𝜕𝑦2
+

1

𝑃(𝑧)

𝜕2[𝑃3(𝑧)]

𝜕𝑧2
 

which is satisfied only if 

 −𝑘𝑥
2 =

1

𝑃(𝑥)

𝜕2[𝑃1(𝑥)]

𝜕𝑥2
 (5.27) 

 −𝑘𝑦
2 =

1

𝑃(𝑦)

𝜕2[𝑃2(𝑦)]

𝜕𝑦2
 (5.28) 

 −𝑘𝑧
2 =

1

𝑃(𝑧)

𝜕2[𝑃3(𝑧)]

𝜕𝑧2
 (5.29) 

The solutions of the ODEs in Equations (5.27), (5.28) and (5.29) are 

 𝑃1(𝑥) = 𝐴𝑐𝑜𝑠(𝑘𝑥𝑥) + 𝐵𝑠𝑖𝑛(𝑘𝑥𝑥)  (5.30) 

 𝑃2(𝑦) = 𝐶𝑐𝑜𝑠(𝑘𝑦𝑦) + 𝐷𝑠𝑖𝑛(𝑘𝑦𝑦)      (5.31) 

 𝑃3(𝑧) = 𝐸𝑐𝑜𝑠(𝑘𝑧𝑧) + 𝐹𝑠𝑖𝑛(𝑘𝑧𝑧)     (5.32) 

Similarly, the solution to Equation (5.24) is  

 𝑇(𝑡) = 𝐺𝑐𝑜𝑠(𝜔𝑡) + 𝐻𝑠𝑖𝑛(𝜔𝑡) (5.33) 

Substitution of Equations (5.30) through (5.33) in Equation (5.18) provides the 

following general solution 
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𝑝(𝑥, 𝑦, 𝑧, 𝑡) = (𝐴𝑐𝑜𝑠(𝑘𝑥𝑥) + 𝐵𝑠𝑖𝑛(𝑘𝑥𝑥))

∗ (𝐶𝑐𝑜𝑠(𝑘𝑦𝑦) + 𝐷𝑠𝑖𝑛(𝑘𝑦𝑦))

∗ (𝐸𝑐𝑜𝑠(𝑘𝑧𝑧) + 𝐹𝑠𝑖𝑛(𝑘𝑧𝑧)) ∗ (𝐺𝑐𝑜𝑠(𝜔𝑡)

+ 𝐻𝑠𝑖𝑛(𝜔𝑡)) 

(5.34) 

where the constants A, B, C, D, E and F are calculated using the boundary conditions and 

the constants G and H are evaluated using the initial conditions. 

The acoustic mode shapes are calculated using the following time independent part in 

Equation (5.35).  

𝑝(𝑥, 𝑦, 𝑧) = (𝐴𝑐𝑜𝑠(𝑘𝑥𝑥) + 𝐵𝑠𝑖𝑛(𝑘𝑥𝑥))

∗ (𝐶𝑐𝑜𝑠(𝑘𝑦𝑦) + 𝐷𝑠𝑖𝑛(𝑘𝑦𝑦))

∗ (𝐸𝑐𝑜𝑠(𝑘𝑧𝑧) + 𝐹𝑠𝑖𝑛(𝑘𝑧𝑧)) 

(5.35) 

5.5.2 Demonstration Problem for Modes of 3-D Cavity   

Here we use a rectangular shape with similar dimensions to the actual full-size 

SUV cavity model as shown in Figure 5.5. This simplified rectangular model is used a 

reference model though out this research, since we can easily obtain analytical solutions 

and compare them with FE predictions. 
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Figure 5.5 Schematic of rectangular cavity resembling an SUV cavity 

The dimensions of the rectangular cavity are Lcx =3400 mm , Lcy=1600 mm , and 

Lcz= 1200 mm. Assuming rigid walls for all the boundaries, the particle velocity is zero 

resulting in a zero pressure gradient; i.e. 
𝜕𝑝

𝜕𝑥
= 0 at x = 0 and x = Lcx. Similar boundary 

conditions hold in the y and z directions. 

Using Equations (5.30),     (5.31) and      (5.32) and  the derivatives of pressure in 

the x, y and z directions are 

𝜕[𝑃1(𝑥)]

𝜕𝑥
= −𝐴 ∗ 𝑘 ∗ 𝑠𝑖𝑛(𝑘𝑥𝑥) + 𝐵 ∗ 𝑘 ∗ 𝑐𝑜𝑠(𝑘𝑥𝑥) 

𝜕[𝑃2(𝑦)]

𝜕𝑦
= −𝐶 ∗ 𝑘 ∗ 𝑠𝑖𝑛(𝑘𝑦𝑦) + 𝐷 ∗ 𝑘 ∗ 𝑐𝑜𝑠(𝑘𝑦𝑦) 

𝜕[𝑃3(𝑧)]

𝜕𝑧
= −𝐸 ∗ 𝑘 ∗ 𝑠𝑖𝑛(𝑘𝑧𝑧) + 𝐹 ∗ 𝑘 ∗ 𝑐𝑜𝑠(𝑘𝑧𝑧) 

Therefore, using the boundary condition  
𝜕𝑝

𝜕𝑥
= 0 at x = 0 we get B = 0. Using the same 

boundary condition at x = Lcx we get 

 𝑘𝑥𝐿𝑐𝑥 = 𝑚 ∗ 𝜋,𝑤ℎ𝑒𝑟𝑒 𝑚 = 0,1,2, … (5.36) 

resulting in 
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 𝑃1(𝑥) = 𝐴𝑐𝑜𝑠 (
𝑚𝜋𝑥

𝐿𝑐𝑥
) (5.37) 

Similarly, 

 𝑘𝑦𝐿𝑐𝑦 = 𝑛 ∗ 𝜋, 𝑤ℎ𝑒𝑟𝑒 𝑛 = 0,1,2,… (5.38) 

resulting in 

 𝑃2(𝑦) = 𝐶𝑐𝑜𝑠 (
𝑛𝜋𝑦

𝐿𝑐𝑦
) (5.39) 

and 

 𝑘𝑧𝐿𝑐𝑧 = 𝑙 ∗ 𝜋,𝑤ℎ𝑒𝑟𝑒 𝑙 = 0,1,2, … (5.40) 

resulting in 

 𝑃3(𝑧) = 𝐸𝑐𝑜𝑠 (
𝑙𝜋𝑧

𝐿𝑐𝑧
) (5.41) 

Equations (5.36), (5.38) and (5.40) provide the 𝜔𝑥 , 𝜔𝑦, and 𝜔𝑧 components of 

the acoustic natural frequencies as 

 𝜔𝑥 = 
𝑚𝜋

𝐿𝑐𝑥
 𝑐, 𝜔𝑦 = 

𝑛𝜋

𝐿𝑐𝑦
 𝑐, 𝜔𝑧 = 

𝑙𝜋

𝐿𝑐𝑧
 𝑐 𝑤𝑖𝑡ℎ 𝑚, 𝑛, 𝑙 = 0,1,2, … (5.42) 

The corresponding acoustic mode shapes are 

 𝑝(𝑥, 𝑦, 𝑧) = 𝑐𝑜𝑠 (
𝑚𝜋𝑥

𝐿𝑐𝑥
) ∗ 𝑐𝑜𝑠 (

𝑛𝜋𝑦

𝐿𝑐𝑦
) ∗ 𝑐𝑜𝑠 (

𝑙𝜋𝑧

𝐿𝑐𝑧
) (5.43) 

We can calculate ω using 

 𝜔2 = 𝜔𝑥
2 + 𝜔𝑦

2 + 𝜔𝑧
2 (5.44) 

Using Equations (5.42) and (5.44) the exact acoustic natural frequencies are 

calculated and shown in Table 5.2.  
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Table 5.2 

Exact acoustic natural frequencies for rectangular domain 

 

 

The natural frequencies of Table 5.2 were also estimated using the FE solver 

MSC.NASTRAN version 2013. This cavity FE model can be used for various 

applications as it will be shown in subsequent sections. In NVH, predicting the cavity 

normal modes using simulation is very important. Many forced response solutions are 

based on normal modes through the so-called modal model approach. Therefore, it is 

crucial to compare the FE model predictions with the closed-form solution to ensure the 

FE model is accurate. 

Using the rectangular domain of Figure 5.5, the element size for a frequency 

range up to 200 Hz was selected similarly to the 1-D case. It was found that the element 

size must be smaller than 107 mm. We used 100 mm to satisfy this requirement. The 

cavity can be approximately represented by a rectangular box of similar dimensions with 

the vehicle cavity, neglecting the seats inside the cavity. We used 6548 CHEXA solid 

Mode Freq (Hz) m n l 

1 0 0 0 0 

2 50 1 0 0 

3 100 2 0 0 

4 106.25 0 1 0 

5 117.4268 1 1 0 

6 141.6667 0 0 1 

7 145.9077 2 1 0 

8 150 3 0 0 

9 150.2313 1 0 1 

10 173.4054 2 0 1 

11 177.0833 0 1 1 

12 183.818 3 1 0 

13 184.0068 1 1 1 

14 200.0 4 0 0 
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fluid elements and 7735 fluid nodes to satisfy the element size requirements. Table 5.3 

compares the analytical acoustic natural frequencies with those calculated using the FE 

NASTRAN model. The results show excellent correlation.  

Table 5.3  

Comparison of analytical and FE acoustic natural frequencies for 3-D cavity 

Mode Freq (Hz) Analytical  Freq (Hz) – FE Model 

1 0.0 0.0 

2 50.0 50.1 

3 100.0 100.3 

4 106.3 106.5 

5 117.4 117.7 

6 141.6 142.2 

7 145.9 146.3 

8 150.0 150.7 

9 150.2 150.7 

10 173.4 174.0 

11 177.1 177.7 

12 183.8 184.5 

13 184.0 184.6 

14 200.0 201.4 

 

5.6 Review of the Full Cavity Vehicle FE Model 

The vehicle's structural components and the enclosed cabin air exhibit distinct 

modes which result in zones of varying impedance levels across the frequency spectrum 

of interest. The transfer of vibration energy into the cabin air depends on the impedance 

of the cavity at the interface with the structure. Consequently, structural vibrations may 

produce unwanted noise. Figure 5.6 shows the finite element mesh for the acoustic cavity 

model. It has approximately 0.5M DOFs. The model is typical for a ground vehicle 

acoustic cavity. It consists of three main components: the main cavity, the seat modeling, 
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the instrument panel and the console sub-models. Table 5.4 shows the types and number 

of elements for the cavity model.   

 

Figure 5.6 Full vehicle cavity model 

 

Table 5.4  

Element type and number for vehicle acoustic cavity model 

Element Type Number of Elements 

CHEXA 334363 

CPENTA 43682 

CTETRA 1408691 

 

Figure 5.7 shows a cross-section of the vehicle cavity model. The acoustic mesh 

exhibits a finer resolution near the outer surface and a coarser resolution towards the 

interior. This FE modeling approach was implemented in order to minimize the total 

number of acoustic elements while ensuring the integrity of the structure/acoustic 

interface. 
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Figure 5.7 Acoustic cavity element size transition 

 

Figure 5.8 shows the modal density of the acoustic model. There are 44 modes in 

the ANC frequency range of interest from 0 to 300 Hz. 

 

Figure 5.8 Modal density of acoustic cavity model 

 

5.6.1 Vehicle Cavity Damping Assumptions 

Based on previous experimental correlations and studies frequency dependent 

damping ratio of 4 to 8 percent was assigned to the cavity model in the ANC frequency 

range. 
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5.6.2 Numerical Verification of Vehicle Cavity Modes  

To verify the FE predicted vehicle acoustic cavity modes, we compare them with 

the modes of the simplified rectangular shape box of Section 5.5.2. The first four modes 

of the two models are expected to be similar since both models have the same 

fundamental length. Table 5.5 compares the acoustic modes between FE and simplified 

cavity models showing a good correlation. 

Table 5.5  

Comparison of acoustic modes between FE and simplified cavity models 

Mode Vehicle Modes Freq (Hz) Simplified Cavity Modes 

Freq (Hz) 

1 0 0 

2 48.7 50.1 

3 89.1 100.3 

4 90.4 106.5 

 

Figure 5.9 shows the first three acoustic pressure mode shapes for the vehicle and 

the simplified cavity models. The mode shapes are very similar indicating that that the 

cavity modes are reasonable. 

 



58 

 

Figure 5.9 Vehicle FE versus simplified cavity acoustic mode shapes 

5.6.3 Fluid Structure Interaction (FSI) TBIW to Vehicle Cavity  

The structure/acoustic interface is determined by an internal algorithm of 

NASTRAN, according to criteria such as distance, angle or predefined sets defined by the 

“ACMODL” NASTRAN card. Also, the parameter “SKINOUT” is used to request 
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NASTRAN to output the wet structure and acoustic elements and nodes at the interface. 

Figure 5.10 shows the structural surface elements that are in contact with the acoustic 

cavity.  

 

Figure 5.10 TBIW structural elements in contact with acoustic cavity 

 

5.6.4 Experimental Verification of Vehicle Cavity Modes  

 A monopole source was used to excite the vehicle cavity using the Simcenter 

Qsources hardware [77] of Figure 5.11.  

 

Figure 5.11 Simcenter Qsources [77] monopole source 

 

Simcenter Qsources is a low-frequency monopole source for assessing vibro-

acoustic transfer functions in vehicles. Its sound source level, coupled with its extensive 

frequency range, makes it very useful for NVH research and development.  
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The vehicle cavity acoustic FRFs (Frequency Response Functions) are expected 

in the range from 30 Hz to 1,000 Hz [78]. An array of microphones was strategically 

placed in the cavity to enable measurement of complex modes as shown in Figure 5.12. 

The testing procedure used has been described in detail by researchers [79].  

 

Figure 5.12 Monopole source and microphone locations for FRF measurements 

Figure 5.13 compares a measured acoustic FRF with its analytical prediction. The 

FRF is between the shown input volumetric acceleration source and the output 

microphone. The correlation is very good clearly indicating the 2nd and 3rd cavity 

modes. 

 

Figure 5.13 Comparison of a measured acoustic FRF with simulation 
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5.7 Summary  

This chapter described the fundamentals of vehicle cavity acoustic analysis. The 

wave equation was first derived and the acoustic modes for 1-D closed cavities were 

presented. A FE model was also constructed to validate the accuracy of calculating 

acoustic modes for 1-D and 3-D closed cavity models.  

Demonstration problems were used to show the very good accuracy of FE models 

compared to analytical solutions. The Chapter also presented a full cavity vehicle FE 

model including mesh details, damping assumptions, and numerical verification of cavity 

modes. An experimental validation using monopole source testing was finally presented 

affirming the accuracy of the analytical and developed FE modeling approaches. 
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CHAPTER SIX  

 

 DEVELOPMENT AND VERIFICATION OF CAE SPEAKER MODEL   

 

 

 

6.1 Introduction to Loudspeaker CAE Modeling Methodologies  

As mentioned, an active noise cancelling system utilizes anti-noise to mitigate 

undesirable noise within the vehicle. This system relies on sensors to detect interior cabin 

noise, while vehicle loudspeakers generate cancelling sound to counteract the undesired 

noise, thereby enhancing cabin comfort. Consequently, an accurate modeling of the 

loudspeakers is critical for the virtual assessment of the active noise cancelling system. 

Given the intricate nature of speaker geometry and cone shapes, coupled with 

diverse factors such as audio design parameters, packaging, styling, material selection, 

and cost, the design of speakers varies significantly. Loudspeakers, being complex 

electroacoustic transducers, often entail intricate internal components, details of which 

are typically not disclosed by loudspeaker manufacturers to vehicle OEMs. While 

speaker suppliers may provide rudimentary details such as the speaker's bracket 

geometry, finer intricacies of speaker design, including precise diaphragm shape, 

diaphragm materials, suspension, voice coil, magnet, and electrical characteristics, are 

generally withheld. 

Typically, loudspeaker suppliers provide standard specifications such as 

sensitivity functions, impedance, mass, maximum linear travel of the cone, resonant 

frequency, mechanical compliance and resistance, projected area of the driver diaphragm, 

and moving mass. In our methodology, a FE model of the loudspeaker is developed using 

these fundamental specifications while excluding the intricate electromechanical system 
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details of the loudspeaker. The primary objective of developing a speaker FE model for 

ANC analysis is to accurately represent the speaker using limited data. A secondary 

objective in speaker modeling is to create a loudspeaker FE model within a commercial 

platform capable of concurrently handling both acoustic and structural vibratory 

simulations. Thirdly, we aim to devise a simple experimental test for confirming the 

speaker model performance using the supplier data and FE modeling. 

As demonstrated previously, a monopole source is typically used to excite the 

vehicle cavity and validate the modes and damping assumptions employed in the cavity 

FE model. In this Chapter, we first describe the modeling of a monopole acoustic source. 

Subsequently, the loudspeaker is modeled using a dipole source, followed by a detailed 

study of a moving cone (piston) model. Close-form solutions for each representation 

were either obtained or developed, and a FE model was constructed for each loudspeaker. 

A correlation between the FE models and the closed-form solutions is also presented. Our 

loudspeaker model provides a relationship between the electrical power input and the 

acoustic power output based on vibro-acoustic characteristics, thereby 'characterizing' the 

loudspeaker. Finally, the proposed speaker modeling approach is experimentally 

validated.  

6.2 Acoustic Monopole Source  

To model acoustic sources within an enclosed cavity such as a vehicle cabin, it is 

important to model an acoustic monopole source, as will be demonstrated in subsequent 

sections. As we have mentioned, a monopole acoustic source is commonly employed to 

excite the vehicle cavity for verification purposes, underscoring the necessity for detailed 

modeling. 
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6.2.1 Closed Form Solution for an Acoustic Monopole Source in a Closed Cavity 

To model a monopole acoustic source, we start with the linearized wave equation 

[80]. From the continuity equation we have 

 
𝜕𝜌

𝜕𝑡
+ 𝜌𝛻𝑢 = 𝑞̇ (6.1) 

where u is the particle velocity vector and 𝑞̇ is the mass rate (mass per time). The 

linearized Euler’s equation is 

 𝜌
𝜕𝑢

𝜕𝑡
= −𝛻𝑝 (6.2) 

Taking the time derivative of Equation (6.1), the divergence of Equation (6.2), and 

combining the two resulting equations yields 

 
1

𝑐2

𝜕2𝑝

𝜕𝑡2
− 𝛻2𝑝 =

𝜕𝑞̇

𝜕𝑡
 (6.3) 

where 𝑞̇ = 𝜌𝑄𝛿(𝑥 − 𝑥𝑠) 𝛿(𝑦 − 𝑦𝑠) 𝛿(𝑧 − 𝑧𝑠) (6.4) 

with 𝑞̇ being the mass rate at a monopole location (xs, ys, zs). The ideal gas relation 𝑝 =

𝑐2𝜌 is also used in Equation (6.4) with c being the wave speed. In Equation (6.4), ρ is 

mass density, 𝑄 is the volumetric rate (displaced volume by the monopole per unit time) 

and δ is the Dirac delta function.  Using Equation (6.4) Equation (6.3) is written as 

 
1

𝑐2

𝜕2𝑝

𝜕𝑡2
− 𝛻2𝑝 = 𝜌𝑄̇ 𝛿(𝑥 − 𝑥𝑠) 𝛿(𝑦 − 𝑦𝑠) 𝛿(𝑧 − 𝑧𝑠) (6.5) 

where 𝑄̇ is the displaced volume acceleration. Equation (6.5) is solved using a modal 

superposition approach by assuming that the acoustic pressure is the following 

superposition of the acoustic mode shapes 
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 𝑝(𝑥, 𝑦, 𝑧, 𝑡) = ∑ 𝐴𝑁(𝑡) ∗ 𝜓𝑁(𝑥, 𝑦, 𝑧)

𝑁

 (6.6) 

where N is the mode shape number, 𝐴𝑁(𝑡) is the Nth mode participation, and 𝜓𝑁(𝑥, 𝑦, 𝑧) 

is the Nth mode shape. Using Equation (5.43), the mode shapes of the rectangular cavity 

are 

 𝜓𝑁(𝑥, 𝑦, 𝑧) = 𝑐𝑜𝑠 (
𝑚𝜋

𝐿𝑐𝑥
 𝑥) 𝑐𝑜𝑠 (

𝑛𝜋

𝐿𝑐𝑦
 𝑦) 𝑐𝑜𝑠 (

𝑙𝜋

𝐿𝑐𝑧
 𝑧) (6.7) 

resulting in 

𝛻2𝜓𝑁(𝑥, 𝑦, 𝑧) = −[(
𝑚𝜋

𝐿𝑐𝑥
)2 +(

𝑛𝜋

𝐿𝑐𝑦
 )2 + (

𝑙𝜋

𝐿𝑐𝑧
)2)][𝑐𝑜𝑠 (

𝑚𝜋

𝐿𝑐𝑥
 𝑥) 𝑐𝑜𝑠 (

𝑛𝜋

𝐿𝑐𝑦
 𝑦) 𝑐𝑜𝑠 (

𝑙𝜋

𝐿𝑐𝑧
 𝑧)] 

If 𝑘𝑁
2 =

𝜔𝑁
2

𝑐2
= (

𝑚𝜋

𝐿𝑐𝑥
)2 + (

𝑛𝜋

𝐿𝑐𝑦
 )2 + (

𝑙𝜋

𝐿𝑐𝑧
)2 (6.8) 

the above equation becomes, 

 𝛻2𝜓𝑁(𝑥, 𝑦, 𝑧) = −𝑘𝑁
2 [𝑐𝑜𝑠 (

𝑚𝜋

𝐿𝑐𝑥
 𝑥) 𝑐𝑜𝑠 (

𝑛𝜋

𝐿𝑐𝑦
 𝑦) 𝑐𝑜𝑠 (

𝑙𝜋

𝐿𝑐𝑧
 𝑧)] (6.9) 

Using phasor notation (representation of a harmonic function using complex 

numbers), we have 

 𝐴𝑁(𝑡) = 𝑅𝑒[𝐴𝑁 ∗ 𝑒𝑗𝜔𝑡] 𝑎𝑛𝑑 𝑄̇0(𝑡) = 𝑅𝑒[𝑄̇0 ∗ 𝑒𝑗𝜔𝑡] (6.10) 

where 𝐴𝑁 is the magnitude of 𝐴𝑁(𝑡) and 𝑄̇0 is the magnitude of 𝑄̇0(𝑡). The excitation 

angular frequency is 𝜔. From Equations (6.6) and (6.10) we get 

 
𝜕2𝑝

𝜕𝑡2
= ∑

𝜕2𝐴𝑁(𝑡)

𝜕𝑡2
∗ 𝜓𝑁(𝑥, 𝑦, 𝑧) = ∑𝑅𝑒[−𝜔2𝐴𝑁𝜓𝑁(𝑥, 𝑦, 𝑧)

𝑁𝑁

𝑒𝑗𝜔𝑡] (6.11) 

and 
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𝛻2𝑝 = ∑𝐴𝑁(𝑡) ∗ [−𝑘𝑁
2𝜓𝑁(𝑥, 𝑦, 𝑧)]

𝑁

= ∑𝑅𝑒[−𝑘𝑁
2𝐴𝑁𝜓𝑁(𝑥, 𝑦, 𝑧)

𝑁

𝑒𝑗𝜔𝑡] 

(6.12) 

Using Equations (6.10), (6.11) and (6.12), Equation (6.5) becomes 

 

∑𝑅𝑒[(𝑘𝑁
2−𝑘2)𝐴𝑁𝜓𝑁(𝑥, 𝑦, 𝑧)

𝑁

𝑒𝑗𝜔𝑡]

= 𝑅𝑒[𝜌|𝑄̇0|𝛿(𝑥 − 𝑥𝑠) 𝛿(𝑦 − 𝑦𝑠) 𝛿(𝑧 − 𝑧𝑠)𝑒
𝑗𝜔𝑡]  

(6.13) 

Equating the phasors of the above equation yields 

 ∑(𝑘𝑁
2−𝑘2)𝐴𝑁𝜓𝑁(𝑥, 𝑦, 𝑧)

𝑁

= 𝜌|𝑄̇0|𝛿(𝑥 − 𝑥𝑠) 𝛿(𝑦 − 𝑦𝑠) 𝛿(𝑧 − 𝑧𝑠) (6.14) 

Multiplying both sides of the Equation (6.14) by  𝜓𝑀(𝑥, 𝑦, 𝑧) and integrating over the 

entire domain (volume of rectangular cavity) yields 

∑(𝑘𝑁
2−𝑘2)𝐴𝑁 ∫ ∫ 𝜓𝑁(𝑥, 𝑦, 𝑧)

𝑉

∗ 𝜓𝑀(𝑥, 𝑦, 𝑧)𝑑𝑉

𝑁

= 𝜌|𝑄̇0| ∫ 𝛿(𝑥 − 𝑥𝑠) 𝛿(𝑦 − 𝑦𝑠) 𝛿(𝑧 − 𝑧𝑠) ∗ 𝜓𝑀(𝑥, 𝑦, 𝑧)𝑑𝑉

𝑉

 

Using the orthogonality property of the acoustic mode shapes: 

∫ 𝜓𝑁(𝑥, 𝑦, 𝑧)
𝑉

∗ 𝜓𝑀(𝑥, 𝑦, 𝑧)𝑑𝑉 = {
0 𝑖𝑓 𝑁 ≠ 𝑀
𝛼 𝑖𝑓 𝑁 = 𝑀

  

where 𝛼 is a constant equal to one if the modes are orthonormalized, the above equation 

reduces to 

 (𝑘𝑁
2−𝑘2)𝐴𝑁 ∫ 𝜓𝑁

2 (𝑥, 𝑦, 𝑧)𝑑𝑉

𝑉

= 𝜌|𝑄̇0|𝜓𝑁(𝑥𝑠, 𝑦𝑠 , 𝑧𝑠) (6.15) 
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which yields 

 𝐴𝑁 =
𝜌|𝑄̇0|𝜓𝑁(𝑥𝑠, 𝑦𝑠, 𝑧𝑠)

(𝑘𝑁
2−𝑘2) ∫ 𝜓𝑁

2(𝑥, 𝑦, 𝑧)𝑑𝑉
𝑉

 (6.16) 

Finally, the pressure at any location (𝑥, 𝑦, 𝑧) is given by 

 

𝑝(𝑥, 𝑦, 𝑧, 𝑡) = 𝑅𝑒 [∑𝐴𝑁 ∗ 𝜓𝑁(𝑥, 𝑦, 𝑧)

𝑁

𝑒𝑗𝜔𝑡]

= 𝑅𝑒 [∑
𝜌|𝑄̇0|𝜓𝑁(𝑥𝑠, 𝑦𝑠, 𝑧𝑠)

(𝑘𝑁
2−𝑘2) ∫ 𝜓𝑁

2(𝑥, 𝑦, 𝑧)𝑑𝑉
𝑉𝑁

∗ 𝜓𝑁(𝑥, 𝑦, 𝑧) 𝑒𝑗𝜔𝑡] 

(6.17) 

indicating that the pressure is a harmonic signal with magnitude 

 𝑝(𝑥, 𝑦, 𝑧) = [∑
𝜌|𝑄̇0|𝜓𝑁(𝑥𝑠, 𝑦𝑠, 𝑧𝑠)

(𝑘𝑁
2−𝑘2) ∫ 𝜓𝑁

2(𝑥, 𝑦, 𝑧)𝑑𝑉
𝑉

∗ 𝜓𝑁(𝑥, 𝑦, 𝑧)

𝑁

] (6.18) 

To verify the formulation of this section, we use the same rectangular box mesh as in 

Section 5.5.2 (Figure 6.1).  The monopole was placed at “Point 1” and the response 

(pressure) was calculated at Points 2 and 3 in the frequency domain. The model 

represents a pulsating sphere with volumetric acceleration in a closed cavity. The FE 

model represents an approximate solution to the closed form solution of Equations (6.1) 

and (6.2). Also, the FE model shows that the developed acoustic cavity model can fully 

represent an analytical 3-D cavity in the frequency range. 

Using NASTRAN Solution Sequence 111 (SEMFREQ - Modal frequency 

response) the response at grid points 2 and 3 were calculated due to the excitation at grid 
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point 1. RLOAD1 with DAREA NASTRAN cards were used to model the acoustic 

monopole volumetric acceleration. 

 

Figure 6.1  Three locations in acoustic cavity 

 

Figure 6.2 compares the acoustic pressure at points 2 and 3 from MATLAB 

(analytical formulation) and NASTRAN (FE numerical implementation). We observe a 

very good agreement between analytical and numerical models.  

 

Figure 6.2 Acoustic pressure at points 2 (left) and 3 (right). Comparison between 

analytical (MATLAB) and numerical (NASTRAN) results 
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6.2.2 Acoustic Monopole Source with Power Input in a Closed Cavity   

Many acoustic monopole source devices require users to specify acoustic power 

as input. Furthermore, a key characteristic of a speaker is its efficiency defined by the 

ratio of acoustic power output to electric power input. Consequently, in many instances, 

the speaker's acoustic output is provided in terms of acoustic power.  

An acoustic source is commonly assumed to be a sphere that oscillates in an 

infinite acoustic field. The strength of the source is characterized by a frequency-

dependent flux of volume velocity defined by surface area times velocity. The source 

strength (volume velocity) is defined as 

 𝑄 = ∫𝑢⃗  . 𝑛⃗⃗  ⃗ 𝑑𝑆 (6.19) 

where 𝑄 , the volume velocity, is the dot product of 𝑛⃗  , a unit vector, and 𝑢⃗  , the vector of 

acoustic particle velocity. The volume velocity of Equation (6.19) can be expressed in 

terms of the input power in Watts as 

 𝑄 =  
1

2𝜋𝑓
  . √

8𝜋𝑐 𝑊(𝑓)

𝜌
 (6.20) 

where 𝑊(𝑓) is the input power, c is the speed of sound, 𝜌 is the mass density, and  f  is 

the frequency in Hz. 

The formulation to obtain the acoustic pressure is the same with that of Section 6.2.1. 

The only difference is the expression of the volume acceleration 𝑄̇ in terms of the volume 

velocity 𝑄. Considering that the former is the time derivative of the latter, we have 

 𝑄̇(𝑡) = 𝑅𝑒[𝑄̇0 ∗ 𝑒𝑗𝜔𝑡] = 𝑅𝑒[𝑗𝜔 𝑄0 ∗ 𝑒𝑗𝜔𝑡] (6.21) 

In this case, Equation (6.13) becomes 
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∑𝑅𝑒[(𝑘𝑁
2−𝑘2)𝐴̅𝑁𝜓𝑁(𝑥, 𝑦, 𝑧)

𝑁

𝑒𝑗𝜔𝑡]

= 𝑅𝑒[𝜌𝑗𝜔𝑄0𝛿(𝑥 − 𝑥𝑠) 𝛿(𝑦 − 𝑦𝑠) 𝛿(𝑧 − 𝑧𝑠) 𝑒
𝑗𝜔𝑡] 

(6.22) 

where 𝐴̅𝑁 is a complex number representing the phasor of 𝐴𝑁(𝑡). Equating the phasors in 

the above equation results in 

 ∑(𝑘𝑁
2−𝑘2)𝐴̅𝑁𝜓𝑁(𝑥, 𝑦, 𝑧)

𝑁

= 𝜌𝑗𝜔𝑄0𝛿(𝑥 − 𝑥𝑠) 𝛿(𝑦 − 𝑦𝑠) 𝛿(𝑧 − 𝑧𝑠) (6.23) 

Using the orthogonality property of the acoustic mode shapes, the above equation yields 

 𝐴̅𝑁 =
𝜌𝑗𝜔𝑄0𝜓𝑁(𝑥𝑠, 𝑦𝑠, 𝑧𝑠)

(𝑘𝑁
2−𝑘2) ∫ 𝜓𝑁

2(𝑥, 𝑦, 𝑧)𝑑𝑉
𝑉

 (6.24) 

The pressure distribution at location (𝑥, 𝑦, 𝑧) is then given by 

𝑝(𝑥, 𝑦, 𝑧, 𝑡) = 𝑅𝑒 [∑𝐴̅𝑁 ∗ 𝜓𝑁(𝑥, 𝑦, 𝑧)

𝑁

𝑒𝑗𝜔𝑡] (6.25) 

or 

𝑝(𝑥, 𝑦, 𝑧, 𝑡) = 𝑅𝑒

[
 
 
 

∑
𝜌𝑗𝜔.

1
2𝜋𝑓

  . √
8𝜋𝑐 𝑊(𝑓)

𝜌 . 𝜓𝑁(𝑥𝑠, 𝑦𝑠, 𝑧𝑠)

(𝑘𝑁
2−𝑘2) ∫ 𝜓𝑁

2(𝑥, 𝑦, 𝑧)𝑑𝑉
𝑉𝑁

∗ 𝜓𝑁(𝑥, 𝑦, 𝑧) 𝑒𝑗𝜔𝑡

]
 
 
 

 

(6.26) 

indicating that the pressure is a harmonic signal with magnitude 

 𝑝(𝑥, 𝑦, 𝑧) = ∑
𝜌𝑗𝜔.

1
2𝜋𝑓

.√
8𝜋𝑐 𝑊(𝑓)

𝜌 . 𝜓𝑁(𝑥𝑠, 𝑦𝑠, 𝑧𝑠)

(𝑘𝑁
2−𝑘2) ∫ 𝜓𝑁

2(𝑥, 𝑦, 𝑧)𝑑𝑉
𝑉

∗ 𝜓𝑁(𝑥, 𝑦, 𝑧)

𝑁

 (6.27) 
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To verify the formulation of this section, the same rectangular domain of Section 

5.5.2 is used. The monopole was placed at “Point 1” with power input excitation equal to 

1.0 [N*mm/s] or 0.001 [Watts] and the response (pressure) was calculated at Points 2 and 

3 in the frequency domain. The model represents a pulsating sphere in a closed cavity.  

To describe the load as a power input, ACSRCE and DAREA NASTRAN cards 

were used and using NASTRAN Solution Sequence 111 (SEMFREQ - Modal frequency 

response) the response at grid points 2 and 3 were calculated with power source 

excitation at grid point 1. 

Figure 6.3 compares the acoustic pressure at points 2 and 3 from closed-form solution 

implemented in MATLAB and the numerical solution in NASTRAN (FE 

implementation). We observe a very good agreement indicating that both the developed 

analytical approach and the FE implementation are accurate in representing the acoustic 

source as a monopole with a specified input power. 

 

Figure 6.3 Acoustic pressure at points 2 (left) and 3 (right). Comparison between 

analytical (MATLAB) and numerical (NASTRAN) for a monopole with power input 
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6.3 Acoustic Monopole Source in Anechoic Room     

It is common to optimize subsystems instead of a full vehicle in order to 

streamline the development process and have a better understanding of each subsystem. 

The accuracy of subsystem modeling is crucial for creating realistic and predictive full 

vehicle models. For acoustic analysis these subsystems are studied in an anechoic room 

representing a far-field acoustic condition with no reverberations. In this Section, we 

developed a closed-form solution for a monopole acoustic source in a far field and 

established a general FE model which is validated using the closed-form solution. The FE 

model can be then used for realistic vehicle subsystem acoustic studies. 

The 3-D linearized wave equation in Cartesian coordinates can be written as 

 𝛻2𝑝 =
1

𝑐2

𝜕2𝑝

𝜕𝑡2
 (6.28) 

where    

𝛻2 =
𝜕2

𝜕𝑥2
+

𝜕2

𝜕𝑦2
+

𝜕2

𝜕𝑧2
 

For a spherical coordinate system (Figure 6.4), we have 

𝑥 = 𝑟 𝑠𝑖𝑛𝜃 𝑐𝑜𝑠 𝜑 , 𝑦 = 𝑟 𝑠𝑖𝑛𝜃 𝑠𝑖𝑛 𝜑 and 𝑧 = 𝑟 𝑐𝑜𝑠 𝜃 

 

Figure 6.4 Spherical coordinate system 

 

https://en.wikipedia.org/wiki/File:3D_Spherical.svg
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where r is the radial distance, θ is the polar angle, and φ is the azimuthal angle. 

Therefore, 

𝛻2 =
𝜕2

𝜕𝑟2
+

2

𝑟

𝜕

𝜕𝑟
+

1

𝑟2 𝑠𝑖𝑛 𝜃

𝜕(𝑠𝑖𝑛(𝜃)
𝜕
𝜕𝜃

)

𝜕𝜃
+

1

𝑟2 𝑠𝑖𝑛 𝜃2

𝜕2

𝜕𝜑2
 

Because we have spherical symmetry, the wave is a function of the radial distance 

and time but not of angular coordinates. Therefore, the above Laplacian reduces to  

𝛻2 =
𝜕2

𝜕𝑟2
+

2

𝑟

𝜕

𝜕𝑟
 

and the pressure equation becomes 

 
𝜕2𝑝

𝜕𝑟2
+

2

𝑟

𝜕𝑝

𝜕𝑟
=

1

𝑐2

𝜕2𝑝

𝜕𝑡2
 (6.29) 

or 
1

𝑐2

𝜕2(𝑝 ∗ 𝑟)

𝜕𝑡2
−

𝜕2(𝑝 ∗ 𝑟)

𝜕𝑟2
= 0 

             

(6.30) 

   

The solution of Equation              (6.30) can be expressed by the following harmonic 

function 

 𝑝(𝑟, 𝑡) =
𝜅

𝑟
𝑒𝑗(𝜔𝑡−𝑘𝑟) (6.31) 

where p is the acoustic pressure in [Pa], c is speed of sound in air in [m/s], ρ is the air 

density in [Kg/m3], κ is a complex value, r is the radial coordinate in [m], u is the radial 

velocity of air in [m/s], k=ω/c is the wave number, ω=2πf is the angular frequency in 

[rad/s], and f is in [Hz]. Note that the pressure is proportional to  
𝟏

𝒓
. 

Using the acoustic momentum equation 
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 𝜌
𝜕𝑢

𝜕𝑡
+

𝜕𝑝

𝜕𝑟
= 0 (6.32) 

the radial particle velocity 𝑢(𝑟, 𝑡) can then be calculated in terms of the pressure by 

substituting Equation (6.31) in Equation (6.32) yielding 

 
𝜕𝑢(𝑟, 𝑡)

𝜕𝑡
= −

𝜕𝑝(𝑟, 𝑡)

𝜕𝑟
∗  

1

𝜌
 (6.33) 

From Equation (6.32), the derivative 
𝜕𝑢

𝜕𝑡
 of the particle velocity is expressed as 

𝜕𝑢(𝑟, 𝑡)

𝜕𝑡
= −

𝜕𝑝(𝑟, 𝑡)

𝜕𝑟
∗  

1

𝜌
= −

𝜕 (
𝜅
𝑟 𝑒𝑗(𝜔𝑡−𝑘𝑟))

𝜕𝑟
∗  

1

𝜌

=  −
𝜅

𝜌
[
−𝑘𝑟𝑗𝑒𝑗(𝜔𝑡−𝑘𝑤𝑟) − 𝑒𝑗(𝜔𝑡−𝑘𝑟)

𝑟2
] =

𝜅

𝜌
[
(1 + 𝑘𝑟𝑗)𝑒𝑗(𝜔𝑡−𝑘𝑟)

𝑟2
] 

which after integration results in the particle velocity 𝑢(𝑟, 𝑡) as 

𝑢(𝑟, 𝑡) = ∫
𝜅

𝜌
[
(1 + 𝑘𝑟𝑗)𝑒𝑗(𝜔𝑡−𝑘𝑟)

𝑟2
]  𝑑𝑡 =

𝜅

𝜌

(1 + 𝑘𝑟𝑗)

𝑟2
∫[𝑒𝑗(𝜔𝑡−𝑘𝑟)]𝑑𝑡

=
𝜅

𝜌
𝑅𝑒[

(1 + 𝑘𝑟𝑗)

𝑟2
∗  

1

𝑗𝜔
[𝑒𝑗(𝜔𝑡−𝑘𝑟)]] 

or 

𝑢(𝑟, 𝑡) =
𝜅

𝑟
𝑅𝑒[𝑒𝑗(𝜔𝑡−𝑘𝑟) ∗  

(1 + 𝑘𝑟𝑗)

𝑗𝜔𝑟𝜌
] = 𝑅𝑒[𝑝(𝑟, 𝑡) ∗  

(1 + 𝑘𝑟𝑗)

𝑗𝜔𝑟𝜌
]

= 𝑅𝑒[𝑝(𝑟, 𝑡) ∗  
(−𝑗 + 𝑘𝑟)

𝑘𝑐𝑟𝜌
] 

Finally, the above equation becomes 

         𝑢(𝑟, 𝑡) =
−𝑗𝑝(𝑟,𝑡)

𝜌𝑐𝑘𝑟
(1 + 𝑗𝑘𝑟) =

1

𝑗𝜔𝜌
(𝑗𝑘 +

1

𝑟
) 𝑝(𝑟, 𝑡) 

 𝑢(𝑟, 𝑡) =
1

𝑗𝜔𝜌
(𝑗𝑘 +

1

𝑟
) 𝑝(𝑟, 𝑡) (6.34) 
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or since 𝜔 = 𝑐𝑘 

We can model a monopole as a pulsating sphere of a very small radius α. The 

surface of the sphere is pulsating harmonically with a radial surface velocity us as 

𝑢𝑠(𝑡) = 𝑈0𝑒
𝑗𝜔𝑡 

Therefore, for the spherical acoustic field we have 

𝑢(𝑟 = 𝛼 , 𝑡) = 𝑢𝑠(𝑡) 

Applying this boundary condition to Equation (6.34), the pressure is calculated as 

 𝑝(𝑟, 𝑡) = 𝑗
𝑄0𝜌𝑐𝑘

4𝜋𝑟
𝑒𝑗(𝜔𝑡−𝑘𝑟) (6.35) 

where Q0=U0*4πa2 is the source acoustic strength amplitude (volumetric velocity) in 

[m3/s]. Equation (6.35) indicates that the acoustic pressure amplitude is 

 |𝑝(𝑟, 𝑡)| =
𝑄0𝜌𝑐𝑘

4𝜋𝑟
 (6.36) 

Equation (6.36) can be also expressed in terms of volumetric acceleration 𝑄0̇ as 

|𝑝(𝑟, 𝑡)| =
𝑄0̇𝜌

4𝜋𝑟
 (6.37) 

A FE model was also developed and validated using Equation (6.35). A sphere 

with a radius of 500 mm was used to represent the near field. The sound pressure level 

(SPL) was evaluated at 1000 mm (acoustic far field) using a monopole excitation 𝑄0̇ 

(volumetric acceleration) of 10000.0 [mm3/s2].  

Using NASTRAN, the far-field with the monopole source was modeled as shown in 

Figure 6.5. The monopole source was placed at the center of an acoustic near field 

meshed cavity which is part of the far-field. 
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Figure 6.5 FE modeling of a monopole source 

 

The FE model above represents a pulsating sphere in a far field. For the near field, 

mesh PSOLID elements were used as shown in Figure 6.6. At the boundary of the near 

and far fields conjugate infinite elements (CACINF3) were used. These elements 

represent the transition region between near and far fields. The element normal, defined 

by the right-hand rule, should be pointing to the far-field as shown in Figure 6.7.  

 

Figure 6.6 3-D cavity CAE mesh for acoustic near field domain 
 

 

Figure 6.7 CACINF elements 
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In a NASTRAN model utilizing CACINF elements, the inclusion of a 

PACINF card is necessary. A key parameter in the PACINF property card for far-

field calculations is the RIO which denotes the radial interpolation order. The choice 

of RIO depends on the directivity of the pressure field. For geometrically simple 

shapes such as a sphere, a value ranging from 5 to 7 is considered reasonable. Opting 

for a higher interpolation order enhances the solution accuracy but increases the 

computational time significantly. The monopole is placed at the pole of PACINF 

interpolation at a point defining the center of the near field as shown in Figure 6.8.  

 

Figure 6.8 CACINF infinite element pole 

 

Figure 6.9 compares the closed-form solution of Equation (6.35) with the FE solution 

(NASTRAN). A very good agreement is observed indicating that the modeling method is 

correct. 
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Figure 6.9 Far-field acoustic pressure from monopole source– Numerical solution 

(NASTRAN) versus analytical solution 
 

6.4 Speaker Modeling as Acoustic Dipole in Closed Cavity 

An acoustic dipole is a common model of a loudspeaker. It consists of two 

monopoles separated by a small distance, vibrating in opposite directions. The vibration 

of each monopole generates alternating compressions and rarefactions in the surrounding 

air, effectively creating sound waves. In the context of a loudspeaker, the two sources 

represent the motion of the diaphragm, which moves back and forth as it converts 

electrical signals into sound waves. By treating the loudspeaker as an acoustic dipole, we 

can analyze its behavior with simplicity, focusing on the basic principles of wave 

propagation and radiation patterns. 

The acoustic dipole model provides insights into the directional characteristics of 

a loudspeaker. Depending on the relative size and spacing of the sources, the radiation 
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pattern of the sound waves can vary. For instance, in the case of a small loudspeaker 

driver, the dipole pattern tends to exhibit stronger radiation perpendicular to the driver's 

motion, resulting in more focused sound projection. Understanding these directional 

properties is crucial in speaker design and placement, as it influences the dispersion of 

sound and its interaction with the listening environment. Thus, while a loudspeaker may 

consist of complex components and mechanisms, the concept of the acoustic dipole 

offers a fundamental framework for grasping its essential behavior and performance.  

A dipole source consists of two monopole sources of equal strength (same volume 

velocity Q) but opposite phase separated by a small distance compared with the 

wavelength of interest (Figure 6.10). 

 

Figure 6.10 Schematic of a dipole 

 

In general, a point dipole is a good approximation to a small vibrating body that 

does not change its volume as a function of time. Such a source exerts a force on the 

fluid. The dipole source is typically modeled as two monopole acoustic sources that are 

out of phase, and they are separated by a known distance d. The distance d must be small. 

However, in FE modeling, a finite distance d must be defined clearly because of mesh 
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size limitation. A dipole is represented by two out of phase monopoles if the variation of 

pressure at given frequency is low in distance between the two out of phase monopoles. 

For the sound cosine wave of Figure 6.11 and Figure 6.12, the wave has a wavelength λ 

that is determined by the frequency of the wave. At a known frequency the monopoles 

representing the dipole must be at a distance d so that the pressure difference between 

them is small. For Figure 6.11 the distance d is very large while for Figure 6.12 it is small 

compared to the pressure difference.  

 

 

Figure 6.11 Inadequate distance for dipole modeling 

 

 

Figure 6.12 Adequate distance for dipole modeling 

 

The distance d should satisfy the relation 

 𝑘. 𝑑 ≪ 1 (6.38) 
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so that, 

𝜔

𝑐
. 𝑑 ≪ 1    ,

2𝜋𝑓

𝑐
. 𝑑 ≪ 1 ,     

2𝜋

𝜆
. 𝑑 ≪ 1    

Thus, the distance must satisfy  

 𝑑 ≪
𝑐

2𝜋𝑓
  (6.39) 

Using Equation (6.17), the pressure for two acoustic monopoles representing a 

dipole can be expressed as 

𝑝(𝑥, 𝑦, 𝑧, 𝑡) = 𝑅𝑒 [∑
𝜌|𝑄̇0|𝜓𝑁(𝑥𝑑1, 𝑦𝑑1, 𝑧𝑑1)

(𝑘𝑁
2−𝑘2) ∫ 𝜓𝑁

2(𝑥, 𝑦, 𝑧)𝑑𝑉
𝑉

∗ 𝜓𝑁(𝑥, 𝑦, 𝑧)

𝑁

𝑒𝑗𝜔𝑡

+ ∑
𝜌|𝑄̇0|𝜓𝑁(𝑥𝑑2, 𝑦𝑑2, 𝑧𝑑2)

(𝑘𝑁
2−𝑘2) ∫ 𝜓𝑁

2(𝑥, 𝑦, 𝑧)𝑑𝑉
𝑉𝑁

∗ 𝜓𝑁(𝑥, 𝑦, 𝑧) 𝑒𝑗𝜔𝑡+𝜋] 

(6.40) 

where 𝑥𝑑1, 𝑦𝑑1, 𝑧𝑑1 and 𝑥𝑑2, 𝑦𝑑2, 𝑧𝑑2 are the coordinate locations of each monopole so 

that, 

 𝑑 = √(𝑥𝑑2 − 𝑥𝑑1)2 + (𝑦𝑑2 − 𝑦𝑑1)2 + (𝑧𝑑2 − 𝑧𝑑1)2 (6.41) 

indicating that the pressure is a harmonic signal with magnitude, 

 

𝑝(𝑥, 𝑦, 𝑧) = ∑
𝜌|𝑄̇0|[𝜓𝑁(𝑥𝑑1, 𝑦𝑑1, 𝑧𝑑1) − 𝜓𝑁(𝑥𝑑2, 𝑦𝑑2, 𝑧𝑑2)]

(𝑘𝑁
2−𝑘2) ∫ 𝜓𝑁

2(𝑥, 𝑦, 𝑧)𝑑𝑉
𝑉𝑁

∗ 𝜓𝑁(𝑥, 𝑦, 𝑧) 

(6.42) 

In this section, we use the same rectangular box mesh as section 5.5.2 to evaluate 

the accuracy of a FE model using a dipole excitation in the closed cavity (Figure 6.13). 
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The two monopoles of the dipole were placed at “Point 1” and “Point 2” with d = 100 

mm and the acoustic pressure was calculated at Points 3 and 4 in the frequency domain. 

“Point3” is along the dipole axis and “Point4” is near the mid-plane of the dipole. 

 

Figure 6.13 Closed cavity with dipole acoustic source 

 

The FE model represents a pulsating dipole in a closed cavity. At grid points 1 

and 2 two out of phase monopole acoustic sources are modeled to represent a pulsating 

dipole with volumetric acceleration input. The out of phase condition is satisfied using 

NASTRAN’s DPHASE card with 180 degrees phase difference between each monopole 

source. Using NASTRAN Solution Sequence 111 (SEMFREQ - Modal frequency 

response), the SPL response at grid Points 3 and 4 were calculated.  
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Figure 6.14 and Figure 6.15 compare the acoustic pressure at Points 3 and 4 

between the analytical solution (Equation 6.42) and the FE solution (NASTRAN). We 

observe a good agreement indicating that the developed analytical approach and the FE 

modeling are consistent. 

 

Figure 6.14  Response at Point 3: FE model versus analytical 

 

 

Figure 6.15 Response at Point 4: FE model versus analytical 
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6.5 Speaker Modeling as Acoustic Dipole in Anechoic Room 

6.5.1 Closed Form Solution for Acoustic Dipole Source in Anechoic Room 

In a free field a dipole acoustic source does not radiate sound in all directions 

equally. The directivity pattern has a “∞“ shape (Figure 6.16). There are two regions 

where sound is radiated very well, and two regions where sound cancels. The sound 

pressure (in Pa) at some distance r (meters) is given by: 

 𝑝(𝑟, 𝜃, 𝑡) = 𝑅𝑒[𝑗
𝑄0𝜌𝑐𝑘2𝑑

4𝜋𝑟
𝑐𝑜𝑠𝜃𝑒𝑗(𝜔𝑡−𝑘𝑟) ] (6.43) 

where d is the horizontal distance between the two sources,  is the air density, c is the 

speed of sound,  (= 2 f)  is the frequency f in Hz, t is time, k is the wave number, and 

Q is the source strength (m3/s) which is the product of the surface area and the normal 

surface velocity of the monopole. The sound pressure of Equation (6.43) and the particle 

velocity generated by the two monopoles can be derived by adding the pressure and 

velocity contributions of the two monopoles using Equations (6.34) and (6.35) . The 

amplitude of sound pressure in Equation (6.43) is: 

 |𝑝(𝑟, 𝜃)| =
𝑄0𝜌𝑐𝑘

4𝜋𝑟
∗ 𝑘𝑑 ∗ 𝑐𝑜𝑠𝜃 (6.44) 

Which is interpreted as the product of the pressure amplitude 
𝑄0𝜌𝑐𝑘

4𝜋𝑟
 radiated by a 

monopole, a term 𝑘𝑑 which relates the radiated wavelength to the source separation, and 

a directivity function 𝑐𝑜𝑠𝜃 which depends on the angle 𝜃. 
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Figure 6.16 Directivity pattern of a dipole 
 

6.5.2 Demonstration Problem for Acoustic Dipole Source in Anechoic Room 

We will use a formulation shown in section 6.5.1 and a FE modeling strategy to 

demonstrate a dipole modeling technique that directly correlates with closed form 

solution.  The dipole was modeled with pulsating small spheres as shown in Figure 6.17. 

To model the far field, a small sphere of air around the dipole was used to represent near 

field.   

 

Figure 6.17 Dipole acoustic source in far field illustration 
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Figure 6.18 shows the NASTRAN FE model used to model the dipole. The model 

uses two out of phase monopole pulsating small spheres at a known distance embedded in 

an acoustic sphere representing the near field. The conjugate infinite element boundary 

represents the start of the far field. A simplified spherical shape and two merged dipole 

small spheres for dipole are used. The near field cavity was constructed using NASTRAN 

PSOLID fluid elements as shown in Figure 6.19. Acoustic conjugate infinite elements 

(CACINF3) were used to represent the transition region between near and far fields. For 

the acoustic field point mesh, the “microphone” elements were used to evaluate the far 

field acoustic pressure. 

 

Figure 6.18 Cross-section view of dipole model and microphone’s locations 
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Figure 6.19 Cross-section of 3-D cavity mesh for near field surrounding dipole 

 

A dipole acoustic source with a volumetric acceleration of magnitude of 106 

[mm3/s2] was used as an input. The pressure magnitude is calculated 1000 mm away at 

zero degrees and 60 degrees from the front of the dipole speaker (Figure 6.20). Figure 

6.21 compares the analytical solution with the numerical FE solution from NASTRAN. 

The SPL response was calculated using NASTRAN solution sequence 111 (SEMFREQ - 

Modal frequency response). A very good agreement is observed indicating that the 

modeling method is correct, and the directivity of the sound pressure is captured. 

 

Figure 6.20 Orientation of dipole response points in far field 
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Figure 6.21 Comparison of response at 00 and 600 in front of dipole between analysis and 

FE (NASTRAN) 

 

6.6 Modeling of Moving Cone Acoustic Source in Closed Cavity 

In many cases the acoustic source is not as simple as a monopole or a dipole source. 

One of these cases, a moving cone model is considered. While the acoustic dipole 

provides a basic understanding of loudspeaker operation, a moving cone offers a more 

comprehensive representation due to its ability to capture the dynamic nature of sound 

production. Unlike the static nature of the dipole model, a moving cone represents the 

continuous motion of the loudspeaker diaphragm as it responds to electrical signals. This 

motion results in varying levels of compression and rarefaction in the air, producing 

sound waves with complex waveforms and frequencies. Additionally, the moving cone 

representation allows for the consideration of factors such as resonance, damping, and 

frequency response, which play crucial roles in determining the loudspeaker's overall 

performance and fidelity.   

The speaker cone which may have a very complex geometry, is coupled to the 

door cavity and vehicle cavity. Therefore, it is important to develop an analytical model 
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to describe the acoustic field of a moving cone in a closed cavity and develop a FE model 

to represent this acoustic field. The analytical and the numerical results will be used to 

verify the accuracy of the FE modeling for the moving cone. We will consider the cone 

as a rigid plate since its flexibility in the ANC frequency range is negligible as shown by 

M. Petyt and P. Gelat [53]. 

We have mentioned that the acoustic pressure obeys the linearized wave equation  

 
1

𝑐2

𝜕2𝑝

𝜕𝑡2
− 𝛻2𝑝 =

𝜕𝑞̇

𝜕𝑡
 (6.45) 

where 𝑞̇ is the mass rate (mass per time). Figure 6.22 defines a rectangular cone (plate) 

moving in the x direction. Its area is equal to (z2-z1) (y2-y1). The cone is moving with a 

velocity 𝑣𝑥 in the positive x direction and is perpendicular to the x direction at 𝑥 = 𝑥𝑠. 

 

Figure 6.22 Notation of rectangular moving cone 
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The mass rate 𝑞̇ is given by 

 

𝑞̇ = 𝜌𝑣𝑥𝛿(𝑥 − 𝑥𝑠) [ℎ(𝑧 − 𝑧1) − ℎ(𝑧 − 𝑧2)]. [ℎ(𝑦 − 𝑦1)

− ℎ(𝑦 − 𝑦2)] 
(6.46) 

where 𝜌 is the mass density, 𝛿 is the Dirac delta function, and h is the step function. If 

𝐹(𝑦) = [ℎ(𝑦 − 𝑦1) − ℎ(𝑦 − 𝑦2)] 

𝐹(𝑧) = [ℎ(𝑧 − 𝑧1) − ℎ(𝑧 − 𝑧2)] 

Equation (6.45) becomes 

 
1

𝑐2

𝜕2𝑝

𝜕𝑡2
− 𝛻2𝑝 = 𝜌 𝑣𝑥̇𝐹(𝑦) ∗  𝐹(𝑧) ∗ 𝛿(𝑥 − 𝑥𝑠) (6.47) 

Like Section 5.5, a modal superposition approach is used, and the acoustic pressure is 

represented as 

 𝑝(𝑥, 𝑦, 𝑧, 𝑡) = ∑𝐴𝑁(𝑡) ∗ 𝜓𝑁(𝑥, 𝑦, 𝑧)

𝑁

 (6.48) 

where N is the mode shape number, 𝐴𝑁(𝑡) is the Nth mode participation, and 𝜓𝑁(𝑥, 𝑦, 𝑧) 

is the Nth mode shape. 

Using phasor notation, we have 

 𝐴𝑁(𝑡) = 𝑅𝑒[𝐴̅𝑁 ∗ 𝑒𝑗𝜔𝑡] and 𝑣𝑥̇(𝑡) = 𝑅𝑒[𝑗𝜔𝑉𝑥 ∗ 𝑒𝑗𝜔𝑡] (6.49) 

where 𝐴̅𝑁 is the phasor of 𝐴𝑁(𝑡) and 𝑉𝑥 is the magnitude of the harmonic velocity 𝑣𝑥(𝑡). 

The excitation frequency (i.e., frequency of 𝑣𝑥(𝑡)) is 𝜔. 

As in section 5.5, the phasor 𝐴̅𝑁  is calculated from 

 ∑ 𝑅𝑒[(𝑘𝑁
2−𝑘2)𝐴̅𝑁𝜓𝑁(𝑥, 𝑦, 𝑧)𝑁 𝑒𝑗𝜔𝑡] = 𝑅𝑒[𝜌 𝑗𝜔𝑉𝑥𝐹(𝑦) ∗  𝐹(𝑧) ∗ 𝛿(𝑥 − 𝑥𝑠) 𝑒

𝑗𝜔𝑡 

Equating the phasors in the above equation results in 
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 ∑(𝑘𝑁
2−𝑘2)𝐴̅𝑁𝜓𝑁(𝑥, 𝑦, 𝑧)

𝑁

= 𝜌 𝑗𝜔𝑉𝑥𝐹(𝑦) ∗  𝐹(𝑧) ∗ 𝛿(𝑥 − 𝑥𝑠)  (6.50) 

and multiplication of both sides by  𝜓𝑀(𝑥, 𝑦, 𝑧) and integration over the entire domain 

(volume of rectangular cavity) yields 

∑(𝑘𝑁
2−𝑘2)𝐴̅𝑁 ∫ 𝜓𝑁(𝑥, 𝑦, 𝑧)

𝑉

∗ 𝜓𝑀(𝑥, 𝑦, 𝑧)𝑑𝑉

𝑁

= 𝜌 𝑗𝜔𝑉𝑥 ∫ ∫ 𝜓𝑀(𝑥𝑠, 𝑦, 𝑧) 𝑑𝑦𝑑𝑧
𝑦2

𝑦1

𝑧2

𝑧1

 

Using the orthogonality property of the acoustic mode shapes, the above equation yields 

 𝐴̅𝑁 =
𝜌 𝑗𝜔𝑉𝑥 ∫ ∫ 𝜓𝑁(𝑥𝑠, 𝑦, 𝑧) 𝑑𝑦𝑑𝑧

𝑦2

𝑦1

𝑧2

𝑧1

(𝑘𝑁
2−𝑘2) ∫ 𝜓𝑁

2(𝑥, 𝑦, 𝑧)𝑑𝑉
𝑉

 (6.51) 

The pressure distribution at location (𝑥, 𝑦, 𝑧) is then given by 

𝑝(𝑥, 𝑦, 𝑧, 𝑡) = 𝑅𝑒 [∑𝐴̅𝑁 ∗ 𝜓𝑁(𝑥, 𝑦, 𝑧)

𝑁

𝑒𝑗𝜔𝑡]

= 𝑅𝑒 [∑
𝜌 𝑗𝜔𝑉𝑥 ∫ ∫ 𝜓𝑁(𝑥𝑠, 𝑦, 𝑧) 𝑑𝑦𝑑𝑧

𝑦2

𝑦1

𝑧2

𝑧1

(𝑘𝑁
2−𝑘2) ∫ 𝜓𝑁

2(𝑥, 𝑦, 𝑧)𝑑𝑉
𝑉𝑁

∗ 𝜓𝑁(𝑥, 𝑦, 𝑧) 𝑒𝑗𝜔𝑡] 

(6.52) 

The above pressure can also be expressed as 

 𝑝(𝑥, 𝑦, 𝑧, 𝑡) = 𝑅𝑒[𝑃̅(𝑥, 𝑦, 𝑧)𝑒𝑗𝜔𝑡] 

where 

𝑃̅(𝑥, 𝑦, 𝑧) = ∑
𝜌 𝑗𝜔𝑉𝑥 ∫ ∫ 𝜓𝑁(𝑥𝑠, 𝑦, 𝑧) 𝑑𝑦𝑑𝑧

𝑦2

𝑦1

𝑧2

𝑧1

(𝑘𝑁
2−𝑘2) ∫ 𝜓𝑁

2(𝑥, 𝑦, 𝑧)𝑑𝑉
𝑉

∗ 𝜓𝑁(𝑥, 𝑦, 𝑧)

𝑁

= 𝑃𝑒+𝑗𝜑 

(6.53) 
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 is the phasor (complex quantity) of 𝑝(𝑥, 𝑦, 𝑧, 𝑡) having a magnitude 𝑃 and a phase 𝜑. 

The acoustic pressure can be finally expressed as 

 𝑝(𝑥, 𝑦, 𝑧, 𝑡) = 𝑃𝑐𝑜𝑠(𝜔𝑡 + 𝜑) (6.54) 

Note that at any resonance (i.e. 𝑘𝑁
2 = 𝑘2) the magnitude P of the phasor 𝑃̅(𝑥, 𝑦, 𝑧) 

(Equation (6.54)) becomes infinite because we have assumed no damping. To avoid this 

singular condition, we assumed that there is damping equal to a small percentage 𝛼𝑑 of 

stiffness. In this case, Equation (6.54) becomes 

𝑃̅(𝑥, 𝑦, 𝑧) = ∑
𝜌 𝑗𝜔𝑉𝑥 ∫ ∫ 𝜓𝑁(𝑥𝑠, 𝑦, 𝑧) 𝑑𝑦𝑑𝑧

𝑦2

𝑦1

𝑧2

𝑧1

[𝑘𝑁
2 (1 + 𝑗𝜔𝛼𝑑) − 𝑘2] ∫ 𝜓𝑁

2(𝑥, 𝑦, 𝑧)𝑑𝑉
𝑉𝑁

∗ 𝜓𝑁(𝑥, 𝑦, 𝑧) = 𝑃𝑒+𝑗𝜑 

(6.55) 

where the factor 𝛼𝑑 can be estimated by measuring the modal damping at a resonance of 

interest. 

We used the same simple rectangular box cavity of previous sections along with a 

moving cone for the analytical and the FE developments. The moving cone is modeled 

with a rigid plate as shown in Figure 6.23.  
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Figure 6.23 Schematic of rectangular cavity with a moving cone 

 

The dimensions of the moving plate are Lpy=500 mm, Lpz=500 mm with a 

thickness of 5 mm and of very “stiff” material. The aim is to avoid having any plate mode 

shapes in the range of interest (i.e., rigid cone). The cone is excited by a unit acceleration 

of 1 m/s2. This model represents a pulsating (moving) cone in a closed cavity. The 

response was calculated at points 2 and 3 (Figure 6.24). An enforced displacement using 

a NASTRAN SPCD card was used to represent the motion of the cone.  The SPL 

response was calculated using NASTRAN solution sequence 111 (SEMFREQ - Modal 

frequency response).  
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Figure 6.24 Location of excitation and response points for moving cone example 

 

The analytical acoustic pressures at points 2 and 3 due to the moving cone 

excitation were compared with the FE model results obtained from NASTRAN. The 

results shown in  Figure 6.25 demonstrate a very good correlation between the FE model 

and the analytical solution. The FE approach can be thus used to represent a moving cone 

in a complex geometrical setting with high confidence.    
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Figure 6.25 Moving cone acoustic pressure analytical analysis versus FE NASTRAN 

 

6.7 Speaker Modeling as a Baffled Moving Cone (Piston) in Anechoic Room 

In this section, we consider the sound field from a vibrating circular piston in an 

infinite rigid baffle. This modeling is often used for a loudspeaker due to its ability to 

accurately simulate the loudspeaker dynamic behavior. Using the baffle, which can 

simulate the speaker enclosure, the model provides a representation of the loudspeaker's 

performance allowing us to study the effects of frequency response, directivity, and 

efficiency. 

To derive a closed-form solution, the piston comprises many simple sources 

(monopoles) and thus the response is the sum of all sources radiating in phase. Because 
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of the infinite baffle, each monopole gives rise to an image source which coincides with 

itself doubling therefore the volume velocity of each monopole.  

Let the piston vibrate with a velocity 𝑢𝑠(𝑡) = 𝑈𝑒𝑗𝜔𝑡 . Then, the phasor of the volume 

velocity of each elementary monopole is 𝑈𝑑𝑆. Using linear superposition, the sound 

pressure radiated by the piston can be evaluated at any position in front of the baffle 

simply by integrating over the surface of the piston [54]. Thus, we have 

 𝑝 = 𝑗𝜔𝜌 ∫
𝑒𝑗(𝜔𝑡−𝑘ℎ𝑐)

2𝜋ℎ𝑐
𝑈𝑑𝑆

𝑆

 (6.56) 

where hc is the distance between the observation point Po and the position on the piston, 

and S is the surface of the piston of radius ac as shown in Figure 6.26. Note the factor of 

two in the denominator due to the contribution of the image sources. The observation 

point Po is also at distance rc from the center of the cone.  

 

Figure 6.26 Schematic and variable definition of a moving circular cone (piston) 
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The far field sound pressure (i.e., pressure at long distances from the center of the 

piston compared with the piston radius and the wavelength of interest), is calculated by 

expressing hc in polar coordinates as 

 

ℎ𝑐 = √𝑟𝑐2 + 𝑦2 − 2𝑟𝑐𝑦𝑠𝑖𝑛𝛽 𝑐𝑜𝑠 𝜏 ≈ 𝑟√1 − 2
𝑦

𝑟𝑐
𝑠𝑖𝑛𝛽 𝑐𝑜𝑠 𝜏

≈ 𝑟𝑐 − 𝑦𝑠𝑖𝑛𝛽 𝑐𝑜𝑠 𝜏 

(6.57) 

Therefore, the sound pressure becomes 

 𝑝(𝑟𝑐 , 𝛽) = 𝑗𝜔𝜌
𝑈𝑒𝑗(𝜔𝑡−𝑘ℎ𝑐)

2𝜋𝑟𝑐
∫ ∫ 𝑒𝑗𝑘𝑦𝑠𝑖𝑛𝛽 𝑐𝑜𝑠 𝜏𝑦𝑑𝑦𝑑𝜏

𝑎𝑐

0

2𝜋

0

 (6.58) 

Using the following Bessel functions 𝐽0(𝑧) and 𝐽1(𝑧) (plotted in Figure 6.27) 

 𝐽0(𝑧) =
1

2𝜋
∫ 𝑒𝑗𝑧𝑐𝑜𝑠𝜇𝑑𝜇

2𝜋

0

 (6.59) 

    

and 𝐽1(𝑧) =
1

𝑧
∫ 𝜇𝐽0(𝜇)𝑑𝜇

𝑧

0

 (6.60) 
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Figure 6.27  Bessel functions 

 

we obtain the following far field sound pressure, 

 

𝑝(𝑟𝑐 , 𝛽) =
𝑗𝜔𝜌𝑈

𝑟𝑐

𝑎𝑐𝐽1(𝑘𝑎𝑐𝑠𝑖𝑛𝛽)

𝑘𝑎𝑐𝑠𝑖𝑛𝛽
𝑒𝑗(𝜔𝑡−𝑘𝑟)

=
𝑗𝜔𝜌𝑄

2𝜋𝑟𝑐
[
2𝐽1(𝑘𝑎𝑐𝑠𝑖𝑛𝛽)

𝑘𝑎𝑐𝑠𝑖𝑛𝛽
]𝑒𝑗(𝜔𝑡−𝑘𝑟𝑐) 

(6.61) 

where 𝑄 = 𝜋𝑎𝑐
2𝑈 is the volume velocity generated by the moving cone.  

Equation (6.61) can be written as 

 𝑝(𝑟𝑐, 𝛽) =
𝑗𝜔𝜌𝑄

2𝜋𝑟𝑐
[𝑅(𝑓, 𝛽)]𝑒𝑗(𝜔𝑡−𝑘𝑟𝑐) (6.62) 

The factor in brackets  

 𝑅(𝑓, 𝛽) =
2𝐽1(𝑘𝑎𝑐𝑠𝑖𝑛𝛽)

𝑘𝑎𝑐𝑠𝑖𝑛𝛽
 (6.63) 
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is the piston directivity. It is a frequency dependent function that describes the directional 

characteristics of the source in the far field. The maximum of the directivity function is 

one if 𝛽 = 0, indicating maximum radiation in the axial direction for all frequencies. 

Figure 6.28 shows the directivity for different values of the normalized frequency 𝑘𝑎𝑐. 

Note that the piston is an omnidirectional source (a monopole placed on a rigid surface) 

at low frequencies. At high frequencies the radiation of the piston is concentrated in a 

beam along the axial direction. 

 

Figure 6.28 Directivity function 𝑅(𝑓, 𝛽) of the Piston in terms of normalized frequency 

𝑘𝑎𝑐 

 

The sound pressure along the axis of the piston can be evaluated easily. Since 𝑠𝑖𝑛𝛽 =

0 on the axis, the distance hc reduces to 

ℎ𝑐 = √𝑟𝑐2 + 𝑦2  or  𝑑ℎ𝑐 =
𝑦𝑑𝑦

√𝑟𝑐2+𝑦2
=

𝑦

ℎ𝑐
𝑑𝑦 

Therefore, the sound pressure on the axis becomes 

 
𝑝(𝑟𝑐, 𝛽 = 0) =

𝑗𝜔𝜌𝑈

2𝜋
𝑒𝑗(𝜔𝑡) ∫ ∫ 𝑒−𝑗𝑘ℎ𝑐𝑑ℎ𝑐𝑑𝜏

√𝑟𝑐2+𝛼𝑐
2

0

2𝜋

0

= 𝜌𝑐𝑈𝑒𝑗(𝜔𝑡)[𝑒−𝑗𝑘𝑟𝑐 − 𝑒−𝑗𝑘√𝑟𝑐2+𝛼𝑐
2
] 

(6.64) 

If we define 
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 ∆=
√𝑟𝑐

2 + 𝛼𝑐
2 − 𝑟𝑐

2
 (6.65) 

the sound pressure can be written as 

 𝑝 = 2𝑗𝜌𝑐𝑈𝑒𝑗(𝜔𝑡−𝑘(𝑟𝑐+∆))𝑠𝑖𝑛 (𝑘∆) (6.66) 

indicating that the sound pressure is zero if 𝑘∆ is a multiple of π. This happens if ∆ is a 

multiple of half a wavelength, corresponding to locations 

 𝑟𝑐 = 𝛼𝑐 [
1

2𝑛

𝛼𝑐

𝜆
−

𝑛

2

𝜆

𝛼𝑐
] (6.67) 

on the axis where n is a positive integer. Similarly, the sound pressure becomes 

maximum for 

2∆= √𝑟𝑐2 + 𝛼𝑐
2 − 𝑟𝑐 =

(2𝑚 + 1)𝜆

2
 

where m is a positive integer. This occurs for 

 𝑟𝑐 = 𝛼𝑐 [
1

2𝑚 + 1

𝛼𝑐

𝜆
−

2𝑚 + 1

4

𝜆

𝛼𝑐
] (6.68) 

Using a moving cone and a simple hemisphere representing near field (Figure 

6.29), a model was developed to predict the acoustic pressure in far field using a FE 

model in NASTRAN, and then compare it with the derived analytical solution of this 

section. The moving cone is modeled with a rigid plate.   
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Figure 6.29 Schematic of moving cone in far field 

 

The near field cavity has a radius of 500 mm and the moving plate has a radius of 

100 mm and a thickness of 5 mm. Its material is very “stiff” to avoid having any plate 

mode shapes in the range of interest (rigid cone). The cone is excited by a unit velocity of 

1 mm/s.  

The analytical solution is represented by Equation (6.64)  and the results are 

shown in Figure 6.30 indicating how the pressure varies with respect to frequency and 

cone radius. The directivity of Equation (6.63) is shown in Figure 6.31 indicating that at 

high frequencies the directivity is more significant. Figure 6.32 shows the FE model for 

the baffled moving cone. The acoustic near and far fields and transition elements are 

similar to previous sections. The source is placed at the center of a meshed cavity which 

is part of the acoustic near field and two microphones were placed at 2 m from the 



102 

moving cone at different angles. Using NASTRAN solution sequence 111 (SEMFREQ - 

Modal frequency response) the SPL response at each microphone was calculated. 

 

Figure 6.30 Illustration of analytical solution (Equation 6.64) 
 

 

Figure 6.31 Directivity function for a moving cone 
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Figure 6.32 FE modeling of a moving cone in far field 

 

The analytically derived acoustic pressures at angles β = 0 degrees and β = 45 

degrees resulting from the excitation of the moving cone are compared with those 

obtained by the developed NASTRAN approach. As shown in Figure 6.33, there is an 

excellent agreement between the FE model and the analytical solution. This established 

FE methodology provides a robust means to represent a moving cone in the far field, 

even for complex geometries, instilling a high level of confidence in its predictive 

capabilities. 
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Figure 6.33 Comparison of SPL at different angles β between analysis and NASTRAN 

 

6.8  Non-Baffled Moving Cone (Piston) Model in Anechoic Room 

In Section 6.7, we developed a baffled moving cone model in an anechoic room. 

In this section, we develop a novel moving cone model in a free-field condition avoiding 

any baffles. This is necessary because a vehicle speaker is not subject to baffling during 

testing in an anechoic room. 

A closed-form solution for a non-baffled moving cone can be obtained using 

dipole sources. The fundamental concept involves regarding the piston as comprising 
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numerous elementary sources, each formed by individual monopoles. Consequently, the 

piston is viewed as the aggregate of multiple monopoles, each emitting radiation both in 

phase and out of phase on either side of the plate, as illustrated in Figure 6.34. 

 

Figure 6.34 Monopole arrangement to represent a rigid plane surface 

 

Assuming the piston vibrates with the velocity 𝑢𝑠(𝑡) = 𝑈𝑒𝑗𝜔𝑡, linear 

superposition allows us to assess the sound pressure radiated by the piston on each side. 

This can be achieved by integrating over the surface of the piston on each side, enabling 

evaluation of the sound pressure at any given position in front of the plate as 

 𝑝 = 𝑗𝜔𝜌∫
𝑒𝑗(𝜔𝑡−𝑘ℎ𝑐2)

4𝜋ℎ𝑐2
𝑈𝑑𝑆 − 𝑗𝜔𝜌 ∫

𝑒𝑗(𝜔𝑡−𝑘ℎ𝑐2)

4𝜋ℎ𝑐2
𝑈𝑑𝑆

𝑆𝑆

 (6.69) 

This is illustrated in Figure 6.35. The solution to Equation (6.69) is, 

 

𝑝(𝑟𝑐 , 𝛽) =
𝑗𝜔𝜌𝑄

4𝜋𝑟𝑐1
[
2𝐽1(𝑘𝑎𝑐𝑠𝑖𝑛𝛽)

𝑘𝑎𝑐𝑠𝑖𝑛𝛽
] 𝑒𝑗(𝜔𝑡−𝑘𝑟𝑐1)

−
𝑗𝜔𝜌𝑄

4𝜋𝑟𝑐2
[
2𝐽1(𝑘𝑎𝑐𝑠𝑖𝑛𝛽)

𝑘𝑎𝑐𝑠𝑖𝑛𝛽
]𝑒𝑗(𝜔𝑡−𝑘𝑟𝑐2) 

(6.70) 
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where rc1 and rc2 are the distances form center of each pole integral to P0. Equation (6.70) 

is simplified to 

 𝑝(𝑟𝑐, 𝛽) =
𝑗𝜔𝜌𝑄

4𝜋𝑟𝑐
[
2𝐽1(𝑘𝑎𝑐𝑠𝑖𝑛𝛽)

𝑘𝑎𝑐𝑠𝑖𝑛𝛽
] 𝑒𝑗(𝜔𝑡−𝑘𝑟𝑐) 𝑐𝑜𝑠(𝛽)𝑘𝑑𝑝 (6.71) 

 

 

Figure 6.35 Schematic of moving cone in free field 

 

A FE NASTRAN model is developed using the concept of Figure 6.36. The 

distance between the microphone and the cone is rc = 1m, the angle β is zero and the 

radius of the plate is ac = 0.1 m. The plate is excited with an enforced velocity of  

𝑢𝑠(𝑡) = 0.005𝑒𝑗𝜔𝑡 [
𝑚

𝑠
]. The analytical solution of Equation (6.71) and the FE model 

results are plotted in Figure 6.37 . A very good agreement is observed.  
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Figure 6.36 Non-baffled moving cone FE NASTRAN model 

 

 

Figure 6.37 Analytical versus FE SPL for non-baffled cone 

 

6.9 Selection of Best Speaker Model from Developed Representations 

The have developed three acoustic source models: a) a monopole acoustic source, 

b) a  dipole acoustic source, and c) a moving cone to represent a speaker. We 

demonstrated that each of these models is very efficient in generating highly correlated 

sound signals for both closed cavities and far field FE models. However, as 

demonstrated, the directivity of the speaker models differs significantly. The solutions for 
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the monopole, dipole, and moving cone exhibit considerable divergence, resulting in 

distinct directivity patterns. To exemplify this, pressure surface maps of the monopole 

source and moving cone source for the quantity 
𝑝(𝑟𝑐,𝛽)

𝑄
 were constructed for each case. 

Figure 6.38 and Figure 6.39  show the directivity of the three acoustic source models in 

the far field at 300 Hz and 3000 Hz, respectively. At 300 Hz, the moving cone speaker 

generates a  
𝑝(𝑟𝑐,𝛽)

𝑄
  which is shows low directivity. However, the directivity increases at 

3000 Hz (Figure 6.39). The difference at the X axis (front of speaker) is about 75 % and 

in the orthogonal direction of the speaker the maximum difference is over 100 %.  In 

practical applications, where sound pressure is measured 1 meter from the door and the 

speaker system, the directivity often plays a significant role. Consequently, the moving 

cone model emerges as the optimal choice to represent a loudspeaker, particularly at high 

frequencies. For frequencies below 300 Hz, the difference in directivity between the 

dipole and moving cone models is negligible. 

 

Figure 6.38 Directivity of different acoustic sources at 300 Hz 
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Figure 6.39 Directivity of different acoustic sources at 3000 Hz 

 

The speaker cone can be of different shapes as shown in Figure 6.40. As Equation 

(6.61) shows, the geometry of the cone and its curvature drives the pressure and 

directivity of an actual speaker.   

 

Figure 6.40 Circular and oval shaped speaker diaphragms 

 

If the speaker cone is modeled as a moving cone, the vibration of the cone can be 

coupled with the speaker bracket and the door carrier module structurally as shown in 

Figure 6.41. This coupling is an important factor in speaker modeling in vehicles and it 
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will be discussed in the next chapter.  For these reasons, the best model for a loudspeaker 

is the moving cone.   

 

Figure 6.41 Speaker cone model in door assembly 

 

6.10  Experiments to Verify Analytical and FE Speaker Models 

To develop a comprehensive finite element model for the representative speaker 

within a complete vehicle ANC system, it is imperative to conduct component-level 

testing and correlation. For this, we have chosen a standard 6.5-inch speaker and a 6x9-

inch speaker from a full-size SUV (Figure 6.42). Table 6.1 shows all relevant data for the 

two speakers as provided by the manufacturer. In addition, Figure 6.43 and Figure 6.44 

show the speaker sensitivity and speaker impedance function for the 6x9-inch and 6x5-

inch speakers, respectively. 
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Figure 6.42 6x9-inch speaker and 6.5-inch speaker for test subject 

 

Table 6.1  

Relevant data for two speakers 

Speaker  6x9-inch speaker 6.5-inch speaker 

ANC frequency range 40 Hz to 300 Hz 65 Hz to 300 Hz 

Total mass of speaker: 0.889 Kg 0.862 Kg 

Speaker resonant frequency  55 Hz 58 Hz 

Mechanical Compliance CMS 0.375 mm/N 0.375 m/N 

Mechanical Resistance MR 1.68 Kg/s 1.53 Kg/s 

Projected area of diaphragm 0.0228 m2 0.01824 m2 

ANC max Voltage Planed Vmax 3V (Peak) 3V (Peak) 

Speaker Sensitivity function ξ(f) Shown in Figure 6.43   Shown in Figure 6.44 

Impedance function Shown in Figure 6.43   Shown in Figure 6.43   
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Figure 6.43 6x9-inch speaker sensitivity and speaker impedance function 

 

 

Figure 6.44  6.5-inch speaker sensitivity and speaker impedance function 

 

A test was performed in an anechoic room with twelve microphones positioned in 

exact locations as shown in Figure 6.45. The speaker position was at (0, 0, 0) in (X, Y, Z) 

coordinate system where positive X is in front of the speaker, Y is across the speaker and 
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positive Z points toward the room ceiling as shown in Figure 6.46. The twelve 

microphones cover a wide range of distances and angles to establish the accuracy of 

sound pressure level and directivity predictions. The locations capture the directivity of 

speakers at different angles and allow us to examine the phase of acoustic pressure at the 

front and back of the speaker. Table 6.2 shows the precise microphone locations. 

 

Figure 6.45 Speaker location at (0,0,0) and microphones points in blue 
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Figure 6.46 Speaker location at (0,0,0) and microphone’s locations 

 

Table 6.2  

Microphone locations precise location with speaker at (0,0,0) 

Point ID Location X (mm) Y (mm) Z (mm) 

1 Front of speaker 500 0 0 

2 Front of speaker 1000 0 0 

3 Front of speaker 1500 0 0 

4 Behind of speaker -500 0 0 

5 Behind of speaker -1000 0 0 

6 Adjacent to speaker 0 1000 0 

7 Adjacent to speaker 0 -1000 0 

8 Front of speaker out of XY Plane 706 0 -706 

9 Front of speaker out of XY Plane 706 0 706 

10 Front of speaker in XY Plane 706 706 0 

11 Adjacent to speaker 0 0 1000 

12 Behind of speaker out of XY Plane -706 -706 706 
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The floor plan of the anechoic room is 4.115 m x 3.226 m. The room is fitted with 

813 mm fiberglass acoustic cones and is covered by 9 inches of acoustic materials 

(Figure 6.47). The test was performed with the main power feed controlled at the 

amplifier and probes placed exactly at the speaker terminals to measure the exact current 

and voltage input. The speaker was suspended by a bungee cord to best match a free-free 

condition (Figure 6.48). 

 

Figure 6.47 Acoustic material on anechoic room floor 
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Figure 6.48 Speaker probes and speaker suspension by a bungee cord 

 

Both the 6x9-inch and the 6.5-inch speakers were tested using varying power 

inputs. The amplifier for the 6x9-inch speaker was set at 1 Watt and 2 Watts at 1000 Hz 

to generate the required signal. For each speaker, a constant sine wave of 1 Watts and 2 

Watts was applied, and the voltage and current were recorded. Subsequently, a sine 

sweep spanning the ANC frequency range of 30 to 300 Hz was conducted. This setup 

was repeated with a 2 Watt amplitude input for the 6x9-inch speaker. Both the 1 Watt and 

2 Watts setups were performed for the 6.5-inch speaker. 

For both speakers, the sine sweep was performed by maintaining a constant power 

feed at the amplifier while recording the voltage and current at the probes (Figure 6.49 

and Figure 6.50) . Because of the variable speaker impedance, the voltage across the 

frequency range fluctuates accordingly. Figure 6.51 and 6.52 show the sound pressure 

amplitude and phase for the twelve microphones at 1-Watt amplifier input. 
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Figure 6.49 Sine sweep voltage and current for 6.5-inch speaker for 1 Watt power 

 

 

 Figure 6.50 Sine sweep voltage and current for 6x9-inch speaker for 1 Watt power 
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Figure 6.51 Sine sweep microphone SPL for 6.5-inch speaker 

 

 

Figure 6.52 Sine sweep microphone SPL for 6x9-inch speaker 
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The acoustic tests in the anechoic room were performed to demonstrate the 

accuracy of the developed FE model as well as the accuracy of the analytical model of 

Section 6.8 and validate the assumptions used. Equation (6.71) is rearranged to calculate 

the velocity of a circular speaker cone as   

𝑈 =
1

𝜋𝑎𝑐
2

𝑝(𝑟𝑐, 𝛽)

𝑗𝜔𝜌
4𝜋𝑟𝑐

[
2𝐽1(𝑘𝑎𝑐𝑠𝑖𝑛𝛽)

𝑘𝑎𝑐𝑠𝑖𝑛𝛽
] 𝑒𝑗(𝜔𝑡−𝑘𝑟𝑐) 𝑐𝑜𝑠(𝛽)𝑘𝑑𝑝

 

Figure 6.53 shows the experimentally obtained magnitude and phase of SPL for 

the 6.5-inch speaker at 1 m in front of speaker with a zero angle (Point # 2). This 

measurement is taken as input and the corresponding diaphragm velocity was calculated 

using the rearranged form of Equation (6.71). Figure 6.64 shows the calculated velocity 

amplitude and phase. These results are then used as an enforced velocity input of the 

diaphragm for the FE model of Figure 6.55. 

 

Figure 6.53 Sound pressure for the 6.5-inch speaker at point 2 
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Figure 6.54 Calculated diaphragm velocity magnitude and phase for point 2 

 

 

Figure 6.55 FE model for 6.5-inch speaker with 12 microphones – acoustic near field 

(left) and full model (right) 

 

The analytical, FE (NASTRAN), and experimental results were obtained for all 

12 microphone locations. Points 2 and 9 were specifically chosen to illustrate both in-

plane and out-of-plane positions, thus providing comprehensive insights into the results. 

Figure 6.56 and Figure 6.57 compare the sound pressure for the 6.5-inch speaker and 

Figure 6.58 compares the phase. All comparisons are excellent. Both the amplitude and 

phase agree very well across all three methodologies. Furthermore, the speaker's 

directivity demonstrates favorable characteristics, as evidenced by the good agreement 

for the out-of-plane point 9.  
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Figure 6.56 Analytical, FE, and experimental sound pressure at point 2 microphone for 

6.5-inch speaker 

 

 

Figure 6.57 Analytical, FE, and experimental sound pressure at point 9 microphone for 

6.5-inch speaker 
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Figure 6.58 Experimental and FE Microphone sound pressure phase at points 2 and 9 for 

6.5-inch speaker 

 

6.11  General Shape Speaker CAE Model  

In many cases, an exact theoretical formulation for speaker profiles may not be 

possible. For example, there is no analytical solution for a 6x9 speaker. Consequently, we 

developed a generalized approach to characterize a speaker using relevant parameters 

obtained from tests. Based on the speaker's projected area and the dimensions of the 

ellipse representing it, we can develop a FE model as shown in Figure 6.59 for a 6x9 

speaker. The diaphragm of the speaker has radii of 100 mm and 72.6 mm, resulting in a 

projected area of 0.0228 m2. This FE model is run in a free field with a unit load enforced 

velocity as shown in Figure 6.60. Figure 6.61 shows the sound pressure for a unit 

enforced velocity of 1 mm/s at point 2. Using the unit velocity sound pressure, we can 

estimate the diaphragm velocity through interpolation to obtain the experimental sound 

pressure of Figure 6.62 at point 2. 
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Figure 6.59 Elliptical flat diaphragm FE model for 6x9 speaker 

   

 

Figure 6.60 Elliptical flat diaphragm FE model for 6x9 speaker in free field 
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Figure 6.61 FE model sound pressure at point 2 for a unit load diaphragm velocity of the 

6x9-inch speaker 

 

 

Figure 6.62 6x9 inch speaker experimental results 

   

Based on Equation (6.71), the sound pressure response and volumetric velocity 

vary linearly. Thus, the sound pressure response and the diaphragm velocity vary linearly 
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as well. Using proportional scaling between the plots in Figure 6.61 and Figure 6.62 we 

can calculate the diaphragm velocity of Figure 6.63.  

 

 

Figure 6.63 Calculated velocity of diaphragm for point 2 

 

Utilizing this velocity as an input to our FE model enables us to numerically 

calculate the Sound Pressure Level (SPL) at all twelve points. As shown in Figure 6.64 

and Figure 6.65, there is an excellent agreement between the FE predictions and the 

experimental results. This allows us to characterize any speaker vibro-acoustically, even 

in the absence of an exact analytical solution, provided we have access to the speaker 

specifications and are able to conduct a standard sensitivity test. This approach not only 

facilitates a comprehensive speaker characterization but also enhances our understanding 

of its vibrational and acoustic behavior, contributing to advancements in audio 

engineering and design optimization. 
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Figure 6.64 Comparison between experimental and FE sound pressure at point 2 for a 

6x9-inch speaker 

 

 

Figure 6.65 Comparison between experimental and FE sound pressure at point 9 for a 

6x9-inch speaker 

 

6.12  Speaker Characterization Predictivity with Electrical Input Change  

Since the impedance data for the speaker is available, we can use Ohm's law [81] 

to calculate the electrical power as 

 |𝑃𝐸𝐸(𝑓)| = |
𝑉(𝑓)2

𝑅(𝑓)
| (6.72) 
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The acoustic power is linearly proportional to the electrical power used to define the 

speaker efficiency. Thus, if the impedance function and the acoustic response are known 

for a given electric power input (i.e., voltage input), we can calculate the acoustic 

response for different voltage inputs. This is very practical since we assume that the 

speaker efficiency is constant for comparable voltage inputs.  Also, Equation (6.73) 

shows that the pressure magnitude |𝑃(𝑟, 𝑡)| and the input acoustic power 𝑊(𝑓)  have a 

quadratic relationship  

|𝑃(𝑟, 𝑡)| =

1
2𝜋𝑓

  . √
8𝜋𝑐 𝑊(𝑓)

𝜌 𝜌𝑐𝑘

4𝜋𝑟
 

(6.73) 

Using Equation (6.74) we can predict the pressure for an input voltage of 2 Watts 

using a reference pressure for an input of 1 Watt for example, as shown in Figure 6.66 for 

the 6x9 speaker. 

𝑆𝑃 @ 𝑁𝑒𝑤 𝑉𝑜𝑙𝑡𝑎𝑔𝑒

= √
𝑃𝐸𝐸 @ 𝑁𝑒𝑤 𝑣𝑜𝑙𝑡𝑎𝑔𝑒

𝑃𝐸𝐸 @ 𝑅𝑒𝑓𝑟𝑎𝑛𝑐𝑒 𝑣𝑜𝑙𝑡𝑎𝑔𝑒
∗ 𝑆𝑃 @ 𝑅𝑒𝑓𝑟𝑎𝑛𝑐𝑒 𝑣𝑜𝑙𝑎𝑡𝑔𝑒 

(6.74) 

 

Figure 6.66 Comparison between estimated and experimental sound pressure for a 2-

Watt electrical input at point 2 for a 6x9 speaker 
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6.13  Summary  

In this Chapter, we developed a speaker model using limited specifications 

provided by the speaker's manufacturer. We derived closed-form solutions for the 

monopole, dipole, and baffled moving cone configurations, and proposed a closed-form 

solution for the non-baffled moving cone. In addition, for each speaker representation, we 

developed a detailed FE model, which can be used for any practical application. The 

results of the FE models agree very well with closed-form solutions.  

Our findings indicate that the non-baffled moving cone model is optimal in 

representing a loudspeaker. The model effectively captures the directivity of sound. 

Based on testing of multiple speakers, we demonstrated the accuracy of the developed 

closed-form solutions and the accuracy of developed FE models. Testing results showed 

that the developed methodology to acoustically characterize a speaker is applicable for 

complex speaker cone geometries and varying input signals, highlighting the robustness 

and applicability of the developed approach in real-world applications.  
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CHAPTER SEVEN  

 

                   LOUDSPEAKER MOUNTING STIFFNESS DESIGN FOR ANC   

 

 

 

A speaker in a vehicle door is typically supported by the door carrier module 

(Figure 7.1). The stiffness of the vehicle door module carrier resists bending deformation 

when the door opens and closes. There have been several studies conducted on this topic 

to determine the effects of stiffness on vehicle safety, performance, as well as the user 

experience including audio performance.  Researchers have concluded that the stiffness 

of the door carrier module is important for several reasons.  First is the structural rigidity 

since the stiffness of the door carrier module helps to improve the overall rigidity of the 

door. Second is the crash safety. In the event of a collision, a stiff module can help to 

distribute the impact forces more evenly across the vehicle body, reducing the risk of 

passenger injury. The third area is durability. A door carrier module with high stiffness 

can also have improved durability and longevity. It can better withstand the stresses of 

daily use, such as frequent door opening and closing. A fourth area is noise, vibration, 

and acoustics. It has been shown that a stiff door can help to reduce the level of noise, 

vibration, and harshness inside the vehicle. This is because a stiff module absorbs and 

dampens vibrations that may be transmitted through the vehicle body resulting in a 

quieter vehicle cabin. Additionally, it has been shown that the door carrier module 

influences the audio sound quality. 

The door carrier module and structure display a vibration response to acoustic 

loading originating from the loudspeaker, whereas the door cavity exhibits a distinct 

acoustic response to the same loudspeaker loading. This response may interfere with the 
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loudspeaker output, resulting in alterations to the sound, a phenomenon commonly 

referred to as "distortion". To date, there exists no comprehensive framework or 

methodology to comprehend the different distortions that may exist in door speakers and 

vehicle systems. Furthermore, there is currently no methodology to assess the stiffness 

requirements for the door speaker attachment points at the component level to optimize 

active noise cancellation system performance. 

 

Figure 7.1 Typical door speaker system location (left), door carrier module (middle), and 

speaker attachment points (right) 

 

7.1 Stiffness Requirements for Mounting Loudspeakers 

One of the main goals in ANC system prediction is to accurately model the 

loudspeaker frequency response when integrated into the vehicle door structure. 

Achieving this requires a good understanding of loudspeaker behavior, as discussed in 

CHAPTER Six, and a development of detailed finite element models for both the door 

structure and the vehicle cavity. A loudspeaker converts electrical signals into mechanical 

vibrations, thereby generating sound waves. It comprises a magnet, a voice coil, a 

diaphragm, and a suspension. The magnet and voice coil are in a magnetic field, while 

the diaphragm and suspension are attached to the voice coil.  
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The application of an electrical signal induces a magnetic field within the voice 

coil and the permanent magnet moves the voice coil and the diaphragm, producing 

mechanical vibrations. The diaphragm, which is critical for producing sound waves, is 

supported and centered by the suspension, also known as the spider, positioned at the 

base of the speaker.  

Figure 7.2 shows the design and assembly details of these components which 

significantly influence the loudspeaker's overall performance and sound quality.  

 

Figure 7.2 Speaker components 

 

The alteration of speaker frequency response is due to various factors, including 

the attachment stiffness, the door and cabin acoustic cavities, and the interplay between 

fluid and door structure, often termed as "loudspeaker sound distortion". Failure to 

comprehend these distortions can impede the effectiveness of an active noise canceling 

system. For this reason, this research concentrates on all distortions using an analysis 

encompassing the speaker mounting stiffness, the door module acoustic coupling and 

cavity distortions, and the vehicle cavity gain.  

The primary aim of this chapter is to obtain the optimal stiffness at loudspeaker 

attachment points to ensure peak performance of the ANC system. A comprehensive 
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understanding of the distortion induced by door vibration necessitates an accurate 

measurement of the door stiffness. Consequently, an analytical tool is necessary to 

quantify the required door attachment stiffness for optimal ANC performance. 

7.2 Vehicle Loudspeaker Sound Signal Distortions 

7.2.1 Door Structure Sound Signal Distortion 

In a typical setup, a loudspeaker is fixed to the door carrier module. Under 

operation, the speaker induces door vibrations altering its output sound signal. This is 

known as door structure sound signal distortion. Figure 7.3 shows a basic loudspeaker 

model and its equivalent lumped parameter model. The speaker voice coil generates a 

force, resulting in an acoustic pressure wave, while a resulting reaction force at the 

mounting location induces door vibrations which in turn, interfere with the produced 

sound signal. In addition, the vibrating door emits sound that further disrupts the sound 

generated by the speaker.  

 

 

Figure 7.3 Speaker schematic and lumped parameter model 
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 To illustrate the door structure distortion utilizing a lumped parameter model, 

Figure 7.4 shows a simplified FE model of a baffled loudspeaker with a circular 

diaphragm. The lumped parameters representing the speaker spring and damper are 

integrated into the FE model using a bushing element, while a rigid plate is employed for 

the speaker diaphragm. The diaphragm is excited by the force of Figure 7.5, while the 

Sound Pressure Level (SPL) in front of the diaphragm is shown in Figure 7.6. The 

response point is chosen along the axis of the diaphragm.  

 

Figure 7.4 Simplified loudspeaker FE model 

 

 

Figure 7.5 Force exciting the speaker diaphragm 
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Figure 7.6 Speaker original SPL 

 

A "door-like" structure is simulated by attaching the diaphragm to a plate (Figure 

7.7). The plate, representing the door structure, is firmly constrained along all edges. The 

plate is designed to exhibit a single pumping mode at 62.0 Hz in the frequency range of 0 

to 150 Hz (Figure 7.8).  

 

Figure 7.7 Plate representation of door structure 
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Figure 7.8 Pumping mode shape of carrier plate at 62 Hz 

 

Figure 7.9 shows the SPL produced by the loudspeaker as it is affected by the 

door vibrations. The plate mode notably impacts the sound signal around 62 Hz, resulting 

in a decrease of approximately 8 dB in the speaker's sound generation capacity at that 

frequency. Moreover, this decline in the speaker's ability to produce sound is not isolated 

at 62 Hz but spans a range from 55 Hz to 70 Hz. This is known as the speaker mounting 

structural distortion. Also, the acoustic output from the vibrating door interferes with the 

acoustic signal. If we consider the acoustic pressure loading on the door in the FE 

analysis (fluid structure interaction or FSI), the signal distortion differs significantly. 
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Figure 7.9 Doors structural and FSI coupling distortions 

 

7.2.2 Door Cavity Sound Signal Distortion 

Figure 7.10 shows a simplified door closed cavity and a simplified model of the 

door-mounted loudspeaker to represent a vehicle door cavity. The cavity exhibits a single 

flexible mode at 120 Hz in the range of 0 to 150 Hz. The mode is a back-and-forth 

motion as shown in Figure 7.11. Figure 7.12 shows the door cavity distortion in the range 

from 55 Hz to 125 Hz which aligns with the cavity mode at 120 Hz. This can 

significantly distort the sound signal. 
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Figure 7.10 Simplified door cavity 

 

 

Figure 7.11 Simplified door cavity mode at 120 Hz 
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Figure 7.12 Door cavity distortion 

 

7.2.3 Vehicle Cavity Distortion 

Figure 7.13 shows the simplified door cavity connected with a simplified vehicle 

cavity. The latter has three flexible modes at 50.1 Hz, 100.3 Hz, and 106.5 Hz. Figure 

7.14 shows the SPL at 1 meter in front of the speaker illustrating the impact of the vehicle 

cabin's resonance, as indicated by the peaks corresponding to the vehicle cavity's three 

modes. The SPL reflects the distortion from the door structure and the cavity. However, 

due to interactions between modes, the peaks and dips are not perfectly aligned. A sound 

signal in the vehicle cabin may be affected by one or more of these distortions.  
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Figure 7.13 Simplified models for vehicle and door cavities 

 

 

Figure 7.14 Distortions from vehicle and door cavities 
 

7.3 Design of Door Structure for Speaker Mounting 

Ensuring proper support of the speaker at its mounting locations is critical as 

previously highlighted. However, in the initial phases of vehicle design, there is often 

limited available information on the door soft trim and the speaker specifications. The 
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loudspeaker is typically described using the specifications of Table 6.1 and there is no 

CAD design available for the speaker bracket.  

During the early stages of vehicle development, FE models for the door sheet 

metal and the carrier module are usually accessible before the completion of the TBIW 

and the acoustic cavity FE models. Figure 7.15 illustrates an initial FE model for the door 

assembly, where all soft trims are represented by lumped mass elements. The speaker 

brackets are typically very stiff. For instance, as shown in Figure 7.16, the door speaker 

exhibits its first flexible mode at 410 Hz which is well outside the typical ANC frequency 

range of 25 to 300 Hz. The figure shows the mode shape and modal strain energy of the 

speaker bracket. Due to sufficient modal separation observed in most cases, the flexible 

modes of the speaker structure are unlikely to contribute significantly to the ANC vibro-

acoustic response. Hence, during the early stages of door structure development, we can 

simplify the speaker structure using a rigid element and the speaker mass can then be 

modeled by a lumped mass positioned at the center of this rigid element (Figure 7.17). 

 

Figure 7.15 Door structure early development FE model 
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Figure 7.16 First flexible mode and modal strain energy of speaker bracket 

 

 

Figure 7.17 Speaker representation using a rigid element and a lumped mass 

 

As mentioned, the speaker is typically mounted on the door carrier module with a 

finite compliance at the mounting locations. This compliance introduces magnitude and 

phase distortions in the measured acoustic pressure compared to a speaker which is 

rigidly mounted. During the early vehicle development, the door sheet metal and other 

components undergo constant changes. As a result, the speaker mounting locations on the 

carrier module is subject to continuous adjustment. Furthermore, to fully evaluate the 

ANC system, comprehensive models of the TBIW and the car cavity are required (Figure 

7.18). These models are typically unavailable during the initial stages of vehicle 
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development, and additionally the process of modeling the far-field cavity and speaker is 

time consuming. Therefore, there is a critical need for a methodology that can guide the 

design of door structures during the early stages of product development using basic 

speaker data and a simplified door FE model. 

 

 

Figure 7.18 Full vehicle TBIW and door speaker FE model 

 

A method is needed to calculate the magnitude and phase distortion due to the 

door compliance. For that, the speaker is modeled using either the free-free model of 

Figure 7.19  or the fixed-free model of Figure 7.20. For the former, M is the total speaker 

mass which is usually much larger than the moving mass 𝑚𝑑 of the speaker diaphragm 

and part of the voice coil mass. Since M is much larger than md , the fixed-free model is 

used [82]. Thus, the following assumption is used 

 𝑀 ≫ 𝑚𝑑 (7.1) 
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Figure 7.19 Schematic of free-free speaker model 

 

 

Figure 7.20 Schematic of fixed-free speaker model 

 

Utilizing the previously developed moving cone (piston) loudspeaker model, we 

calculate the necessary force on the speaker diaphragm to achieve a required velocity. 

This process known as "speaker characterization," determines the force required on the 

speaker diaphragm to generate a measured acoustic pressure at 1 meter from the speaker. 

Since the applied force on the speaker diaphragm is due to the input electric power 

supplied to the speaker, we assess the force on the speaker diaphragm in terms varying 

input power. Thus, the speaker characterization yields a "transfer function" relating the 

input electric power and the force driving the speaker membrane. Additionally, an FRF 

sub-structuring approach is employed to quantify the magnitude and phase distortion 

from the dynamic behavior of the door. 
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7.3.1 Force on a Moving Cone Speaker Diaphragm 

As we discussed in Section 6.9, the best representation of a speaker is the moving 

cone. The total force applied on the loudspeaker diaphragm is denoted F which is the sum 

of the speaker mechanical force Fme and the acoustic force Facu. The latter can be 

calculated by integrating the sound pressure over the diaphragm area  

 𝐹𝑎𝑐𝑢 = ∫ 𝑝(𝑟𝑐, 𝛽)𝑑𝑆
𝑆

 
(7.2) 

Using Equation (6.64) with β = 0, we get 

 𝐹𝑎𝑐𝑢 = ∫ 𝜌𝑐𝑈𝑒𝑗(𝜔𝑡)[𝑒−𝑗𝑘𝑟𝑐 − 𝑒−𝑗𝑘√𝑟𝑐2+𝛼𝑐
2
]𝑑𝑆

𝑆

 (7.3) 

or 

𝐹𝑎𝑐𝑢 = ∫ 𝑝𝑑 =  𝜌𝑐𝜋𝛼𝑐
2𝑈𝑒𝑗(𝜔𝑡)

𝑆

[1 −
𝐽1(2𝑘𝛼𝑐)

𝑘𝛼𝑐

+
𝐻1(2𝑘𝛼𝑐)

𝑘𝛼𝑐
𝑗] 

(7.4) 

where 𝐻1 is the first Struve function and J1 is the first Bessel function.  

To calculate the mechanical force on the diaphragm, the following equation of 

motion of the diaphragm mass md is used 

 𝑚𝑑𝑥̈(𝑡) + 𝑐𝑠𝑥̇(𝑡) + 𝑘𝑠𝑥(𝑡) = 𝐹𝑚𝑒(𝑡) (7.5) 

where 𝑥(𝑡) is the displacement of the diaphragm. This equation is solved for a harmonic 

force signal. The following phasor notation is used  

 𝐹𝑚𝑒(𝑡) = 𝑅𝑒(𝐹̅𝑚𝑒𝑒
𝑗𝜔𝑡) 𝑎𝑛𝑑 𝑥(𝑡) = 𝑅𝑒(𝑋̅𝑒𝑗𝜔𝑡)     (7.6) 
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where 𝐹̅𝑚𝑒  is the phasor (complex quantity) of 𝐹𝑚𝑒(𝑡) and 𝑋̅ is the phasor of 𝑥(𝑡). Note 

that the frequency of 𝑥(𝑡) is the same with the excitation frequency 𝜔. Substitution of 

Equations (7.6) in Equation (7.5) yields 

Considering that the phasor of the velocity 𝑥̇(𝑡) is equal to 𝑗𝜔𝑋̅ , Equation (7.7) yields 

 
𝐹𝑚𝑒 =

𝑋̇((𝑘𝑠 − 𝑚𝑑𝜔2) + 𝑗𝜔𝑐𝑠)

𝑗𝜔
 

(7.8) 

Recalling that 𝑋̇ = 𝑈 where 

𝑈 =
𝑝(𝑟𝑐, 𝛽)

𝑗𝜔𝜌𝜋𝑎𝑐
2

4𝜋𝑟𝑐
[
2𝐽1(𝑘𝑎𝑐𝑠𝑖𝑛𝛽)

𝑘𝑎𝑐𝑠𝑖𝑛𝛽
] 𝑒𝑗(𝜔𝑡−𝑘𝑟𝑐) 𝑐𝑜𝑠(𝛽)𝑘𝑑𝑝

 

we get 

𝐹𝑚𝑒 =
𝑝(𝑟𝑐, 𝛽)

𝑗𝜔𝜌𝜋𝑎𝑐
2

4𝜋𝑟𝑐
[
2𝐽1(𝑘𝑎𝑐𝑠𝑖𝑛𝛽)

𝑘𝑎𝑐𝑠𝑖𝑛𝛽
] 𝑒𝑗(𝜔𝑡−𝑘𝑟𝑐) 𝑐𝑜𝑠(𝛽)𝑘𝑑𝑝

((𝑘𝑠

− 𝑚𝑑𝜔2) + 𝑗𝜔𝑐𝑠).
1

𝑗𝜔
 

(7.9) 

Finally total force on the diaphragm is given by: 

𝐹 = 𝐹𝑎𝑐𝑢 + 𝐹𝑚𝑒   (7.10) 

The analytical estimation of the applied force on the diaphragm was verified 

experimentally. A predefined sine sweep with 7 Volt input amplitude and zero phase was 

applied on the speaker and the vibration at the speaker attachment points was measured 

using accelerometers at each speaker attachment location as shown in Figure 7.21. 

 
𝑋̅ =

𝐹̅𝑚𝑒

[−𝑚𝑑𝜔2 + 𝑗𝜔𝑐𝑠 + 𝑘𝑠]
   (7.7) 
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Figure 7.21 Accelerometer locations on door-speaker assembly 

 

The FEA model of the door-speaker assembly of Figure 7.22 was excited by a 

force based on Equation (7.10). A 6x9-inch speaker whose specifications are shown in 

Table 6.1, was used. Figure 7.23 shows the phase between current and voltage for the 

speaker.  

 

Figure 7.22 Door FE model for experimental force verification  
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Figure 7.23 Phase ϕ between current and voltage for the 6x9 speaker 

 

The speaker input power is 

𝑃𝐸𝐸(𝑓) = 𝑉(𝑓) ∗ 𝐼(𝑓) ∗ 𝑐𝑜𝑠(𝜙) =
𝑉2

𝑅
𝑐𝑜𝑠(𝜙) 

 (7.11) 

Because the acoustic power is proportional to the electrical power to the speaker, if the 

acoustic response is known for a given electric power input (i.e., voltage input), we can 

calculate the acoustic response for a different voltage input. Also, Equation (7.14) shows 

that the pressure and acoustic power have a quadratic relationship. This relationship holds 

for low frequencies where ka << 1. For the 6x9 speaker, the ka is approximately 0.5.  

|𝑃(𝑟, 𝑓)| =

1
2𝜋𝑓

  . √
8𝜋𝑐 𝑊(𝑓)

𝜌 𝜌𝑐𝑘

4𝜋𝑟
 

(7.12) 

Using scaling (Section 6.12), the force on speaker was calculated for a 7 Volt 

input (Figure 7.24). This force was used in the door-speaker FE model and the resulting 

vibration displacement at each attachment point was compared with the experimental 

results as shown in Figure 7.25. The results show a good agreement indicating that the 

estimated force on the speaker diaphragm is reasonable. 
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Figure 7.24 Calculated force on the speaker with 7 Volt input 

 

 

Figure 7.25 Comparison between FE and experimental response at speaker attachment 

points 
 

7.3.2 FRF Sub-structuring for Door Speaker Vibratory System  

The FRF (Frequency Response Function) sub-structuring approach is used to 

combine the dynamics of the speaker with those of the door. An FRF, denoted by H, is 

defined in the frequency domain and is the ratio of the response phasor 𝑋̅ over the force 

phasor 𝐹̅. Since the force equilibrium on speaker diaphragm is expressed as 



149 

[−𝑚𝑑𝜔2 + 𝑗𝜔𝑐𝑠 + 𝑘𝑠]𝑋̅ = 𝐹̅ 

the FRF is 

 𝐻 =
𝑋̅

𝐹̅
=

1

[−𝑚𝑑𝜔2 + 𝑗𝜔𝑐𝑠 + 𝑘𝑠]
 (7.13) 

Note that the FRF is complex because there is damping. 

Figure 7.26 shows a schematic of the door structure connected in series with the 

speaker structure. The dynamics of the door are described by the following FRF 

                                                     𝑋̅2 = 𝐻𝐷𝐹̅𝐷 (7.14) 

where 𝐻𝐷 is the FRF of the door, 𝑋̅2 is the displacement phasor at the interface between 

the door and the speaker, and 𝐹̅𝐷 is the force phasor on the door at the interface with the 

speaker. 

 

Figure 7.26 Schematic of door FRF and speaker 
 

Equilibrium of forces at the interface between the door and the speaker yields 

 𝐹̅𝐷 = (𝑋̅1 − 𝑋̅2)(𝑘𝑠 + 𝑗𝜔𝑐𝑠) (7.15) 

Combining Equations (7.14) and (7.15) results in 
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𝑋̅2 = 𝑋̅1 −
𝑋̅2

𝐻̅𝐷(𝑘𝑠 + 𝑗𝜔𝑐𝑠)
 

or 

 𝑋̅1 = [ 1 +
1

𝐻̅𝐷(𝑘𝑠 + 𝑗𝜔𝑐𝑠)
]𝑋̅2 (7.16) 

The equation of motion of the speaker structure is 

  𝑚𝑑𝑥̈1 + 𝑐𝑠(𝑥1̇ − 𝑥2̇) + 𝑘𝑠(𝑥1 − 𝑥2) = 𝐹(𝑡) 

or using phasors 

 (−𝑚𝑑𝜔2 + 𝑗𝜔𝑐𝑠 + 𝑘𝑠)𝑋̅1 − (𝑘𝑠 + 𝑗𝜔𝑐𝑠)𝑋̅2 = 𝐹̅ (7.17) 

 Substitution of 𝑋̅1 from Equation (7.16) into Equation (7.17) yields 

(−𝑚𝑑𝜔2 + 𝑗𝜔𝑐𝑠 + 𝑘𝑠) [ 1 +
1

𝐻̅𝐷(𝑗𝜔𝑐𝑠 + 𝑘𝑠)
] 𝑋̅2 − (𝑗𝜔𝑐𝑠 + 𝑘𝑠)𝑋̅2 = 𝐹̅ 

or 

[(−𝑚𝑑𝜔2)𝐻𝐷(𝑗𝜔𝑐𝑠 + 𝑘𝑠) + (−𝑚𝑑𝜔2 + 𝑗𝜔𝑐𝑠 + 𝑘𝑠)]𝑋̅2 = 𝐹̅𝐻𝐷(𝑗𝜔𝑐𝑠 + 𝑘𝑠) 

resulting in 

 𝑋̅2 =
𝐹̅𝐻𝐷(𝑗𝜔𝑐𝑠 + 𝑘𝑠)

[(−𝑚𝑑𝜔2)𝐻𝐷(𝑗𝜔𝑐𝑠 + 𝑘𝑠) + (−𝑚𝑑𝜔2 + 𝑗𝜔𝑐𝑠 + 𝑘𝑠)]
 (7.18) 

Finally, substitution of 𝑋̅2 from Equation(7.18) in Equation (7.16) yields: 

𝑋̅1 = [ 1 +
1

𝐻𝐷(𝑗𝜔𝑐𝑠 + 𝑘𝑠)
] 𝑋̅2 = [ 

𝐻𝐷(𝑗𝜔𝑐𝑠 + 𝑘𝑠) + 1

𝐻𝐷(𝑗𝜔𝑐𝑠 + 𝑘𝑠)
] 𝑋̅2 

or 

𝑋̅1 = [ 
𝐻𝐷(𝑗𝜔𝑐𝑠 + 𝑘𝑠) + 1

𝐻𝐷(𝑗𝜔𝑐𝑠 + 𝑘𝑠)
]

𝐹̅𝐻𝐷(𝑗𝜔𝑐𝑠 + 𝑘𝑠)

[(𝑗𝜔𝑐𝑠 + 𝑘𝑠)(1 − 𝑚𝑑𝜔2𝐻𝐷) − 𝑚𝑑𝜔2]
 

or 
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 𝑋̅1 = [ 
[𝐻𝐷 +

1
(𝑗𝜔𝑐𝑠 + 𝑘𝑠)

]𝐹̅

(1 − 𝑚𝑑𝜔2𝐻𝐷) −
𝑚𝑑𝜔2

𝑗𝜔𝑐𝑠 + 𝑘𝑠

] (7.19) 

Equation (7.19) provides the displacement phasor of the speaker moving mass md 

if the door is present. Equations (7.13) through (7.19) describe the FRF sub-structuring 

method. It allows us to combine the door dynamics with the speaker dynamics using 1) 

compatibility of displacements at the door-speaker interface and 2) equilibrium of forces 

at the interface. The phasor 𝐹̅ of the force 𝐹(𝑡) = 𝐹̅𝑒𝑗𝜔𝑡  on the speaker diaphragm is 

provided by Equation  (7.10).  

7.3.3 Calculation of Speaker Distortion from Door Dynamics   

The distorted speaker diaphragm velocity 𝑢∗(𝑡) due to the coupling of the speaker 

with the door is expressed as 

 𝑢∗(𝑡) = 𝑅𝑒[𝑗𝜔𝑋̅1𝑒
𝑗𝜔𝑡] = 𝑅𝑒[𝑈̅∗𝑒𝑗𝜔𝑡] (7.20) 

or using Equation (7.19) 

 𝑢∗(𝑡) = 𝑅𝑒[
[𝐻𝐷 +

1
(𝑗𝜔𝑐𝑠 + 𝑘𝑠)

] 𝑗𝜔𝐹̅

(1 − 𝑚𝑑𝜔2𝐻𝐷) −
𝑚𝑑𝜔2

𝑗𝜔𝑐𝑠 + 𝑘𝑠

𝑒𝑗𝜔𝑡] (7.21) 

Algebra on the phasor of 𝑢∗(𝑡) yields: 

𝑈̅∗ = 
[𝐻𝐷 +

1
(𝑗𝜔𝑐𝑠 + 𝑘𝑠)

]𝑗𝜔𝐹̅

(1 − 𝑚𝑑𝜔2𝐻𝐷) −
𝑚𝑑𝜔2

𝑗𝜔𝑐𝑠 + 𝑘𝑠

 

or 

 𝑈̅∗ =
𝜔2𝑐𝑠𝐹̅ + 𝑗𝜔𝐹̅[𝐻𝐷𝑘𝑠

2 + 𝐻𝐷(𝜔𝑐𝑠)
2 + 𝑘𝑠]

[(1 − 𝑚𝑑𝜔2𝐻𝐷)(𝑘𝑠
2 + (𝜔𝑐𝑠)2) − 𝑚𝑑𝜔2𝑘𝑠] + [𝑚𝑑𝜔3𝑐𝑠] 𝑗 

 (7.22) 
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If 

𝛼𝑅 = 𝜔2𝑐𝑠𝐹̅     

𝛼𝐼 = 𝜔𝐹̅[𝐻𝐷𝑘𝑠
2 + 𝐻𝐷(𝜔𝑐𝑠)

2 + 𝑘𝑠  

 𝛽𝑅 = [(1 − 𝑚𝑑𝜔2𝐻𝐷)(𝑘𝑠
2 + (𝜔𝑐𝑠)

2) − 𝑚𝑑𝜔2𝑘𝑠] 

 𝛽𝐼 = [𝑚𝑑𝜔3𝑐𝑠] 

Equation (7.22) can be put in the form 

 𝑈̅∗ =
𝛼𝑅 + 𝛼𝐼𝑗

𝛽𝑅 + 𝛽𝐼𝑗 
=

[𝛼𝑅𝛽𝑅 + 𝛼𝐼𝛽𝐼]

𝛽𝑅
2 + 𝛽𝐼

2 
−

[𝛼𝑅𝛽𝐼 − 𝛼𝐼𝛽𝑅]

𝛽𝑅
2 + 𝛽𝐼

2 
𝑗 (7.23) 

Substitution of Equation (7.22) in Equation (7.23) yields 

 

𝑢∗ = 𝑅𝑒 ([
[𝛼𝑅𝛽𝑅 + 𝛼𝐼𝛽𝐼]

𝛽𝑅
2 + 𝛽𝐼

2 
−

[𝛼𝑅𝛽𝐼 − 𝛼𝐼𝛽𝑅]

𝛽𝑅
2 + 𝛽𝐼

2 
𝑗] 𝑒𝑗𝜔𝑡)

= 𝑅𝑒[(𝑉1 + 𝑗𝑉2)𝑒
𝑗𝜔𝑡] 

(7.24) 

where 

𝑉1 =
[𝛼𝑅𝛽𝑅 + 𝛼𝐼𝛽𝐼]

𝛽𝑅
2 + 𝛽𝐼

2 
                                𝑉2 = −

[𝛼𝑅𝛽𝐼 − 𝛼𝐼𝛽𝑅]

𝛽𝑅
2 + 𝛽𝐼

2 
 

Since  

𝑉1 + 𝑉2𝑗 = √𝑉1
2 + 𝑉2

2𝑒𝑗𝜑𝑉 

and  

tan𝜑𝑉 =
𝑉2

𝑉1
 

Equation (7.24) can be rewritten as 

𝑢∗(𝑡) = 𝑅𝑒 ([√𝑉1
2 + 𝑉2

2𝑒𝑗𝜑𝑉] 𝑒𝑗𝜔𝑡) = √𝑉1
2 + 𝑉2

2𝑐𝑜𝑠 (𝜔𝑡 + 𝜑𝑉) (7.25) 
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providing the distorted diaphragm velocity due to door structure (mounting location) 

compliance. The magnitude of the distorted velocity is √𝑉1
2 + 𝑉2

2 and the phase is 𝜑𝑉. 

Using Equation (6.71) and 𝑢∗(𝑡) = 𝑅𝑒[𝑈̅∗𝑒𝑗𝜔𝑡], the distorted sound pressure from the 

speaker can be written as 

 𝑝(𝑟𝑐, 𝛽) = 𝑅𝑒[
𝑗𝜔𝜌𝑎𝑐

2𝑈̅∗

4𝑟𝑐
[
2𝐽1(𝑘𝑎𝑐𝑠𝑖𝑛𝛽)

𝑘𝑎𝑐𝑠𝑖𝑛𝛽
] 𝑒𝑗(𝜔𝑡−𝑘𝑟𝑐) 𝑐𝑜𝑠(𝛽)𝑘𝑑𝑝] (7.26) 

To illustrate the sound distortion described in this section, we used the 6x9 

speaker with properties described in Table 6.1. A known force was applied on the speaker 

diaphragm. The door compliance is 𝐻𝐷 = 5.54 ∗ 10−5𝑒𝑗(
77

180
)𝜋 𝑚/𝑁 if the speaker is 

attached to a flexible door, and 𝐻𝐷 = 0 (ideal case with no distortion) if the door is 

assumed rigid (Figure 7.27). 

 

Figure 7.27 FRF of rigid door versus flexible door 

  

Figure 7.28 shows the velocity of the speaker diaphragm if the door is rigid (𝐻𝐷 = 

0) or flexible (𝐻𝐷 ≠ 0). Figure 7.29 compares the speaker sound pressure at 𝑟 = 1𝑚 from 

the speaker indicating a sizeable magnitude and phase distortion.  
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Figure 7.28 Diaphragm velocity for rigid (HD = 0) and flexible (HD ≠ 0) door 

 

 

Figure 7.29 Sound pressure for rigid (HD = 0) and flexible (HD ≠ 0) door at 1m from the 

speaker 

 

7.4  A Novel Door Structure Assessment Method for ANC  

In Section 7.3 we demonstrated that there is a magnitude and phase distortion of 

the sound signal if the speaker is mounted on a flexible door. This section introduces a 

novel method to objectively determine the required door stiffness to achieve optimal 

speaker sound output with minimal distortion. 

Figure 7.30 shows two rigidly mounted speakers. The sound pressure measured at 

a microphone, equidistantly positioned at 1 meter from each speaker at a specific 

frequency ω, will be zero if 

𝐹1(𝑡) = 𝐹̅𝑒𝑗𝜔𝑡 𝑎𝑛𝑑 𝐹2(𝑡) = 𝐹̅𝑒𝑗𝜔𝑡 ∗  𝑒𝑗𝜋 

indicating that the forces on the two speakers have equal magnitude and are out of phase.     
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Figure 7.30 Noise cancelation from rigidly mounted speakers 

 

Now we assume that the speaker on the right is rigidly mounted while the one on 

the left is attached to a flexible door with a specified FRF (Figure 7.31). If the applied 

forces F1(t) and F2(t) on the two speakers match the ideal case (equal magnitude and out 

of phase), the sound measured at the microphone will be a nonzero signal due to 

distortion from the flexible door. 

 

Figure 7.31 Noise distortion speaker from flexibly mounted speaker 

 

If the sound pressure level (SPL) generated by the single rigidly mounted speaker 

as of Figure 7.32 is denoted by PBase and the SPL generated by the two speakers of Figure 

7.31 is denoted as Pdistorted, we can define Pcancellation representing the maximum 

achievable cancellation as 

   𝑃𝐶𝑎𝑛𝑐𝑒𝑙𝑎𝑡𝑖𝑜𝑛 = 𝑃𝑏𝑎𝑠𝑒 − 𝑃𝑑𝑖𝑠𝑡𝑜𝑟𝑡𝑒𝑑  (7.27) 



156 

 

Figure 7.32 Illustration of the base speaker model 

 

This quantity serves as a metric for assessing the maximum achievable cancellation, 

under the assumption of an anechoic room environment, where the limiting factor is 

solely attributed to the door structural distortion. 

Consider the FE door model of Figure 7.33, where the door content is typically 

accessible during the early stages of vehicle development. A point FRF is obtained by 

exciting the speaker lumped mass and in an orthogonal direction to the mounting plane 

with a unit force and calculating the response at the same location. Figure 7.34 shows the 

FRF magnitude and phase. 

 

Figure 7.33 FE door model with simplified speaker and door FRF point 
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Figure 7.34 Point FRF for door-speaker model 

 

The point FRF, denoted by HD, is a function of frequency and can be expressed as 

 𝐻𝐷 = 𝐻𝐷𝑀𝑎𝑔𝑒(𝑗𝑤𝑡+𝐻𝐷𝑃ℎ𝑎𝑠𝑒)  (7.28) 

where HDMag is the FRF magnitude and HDPhase is the FRF phase (Figure 7.34). In this 

example, the 6x9-inch speaker of Table 6.1 was used with a 3-volt input. Figure 7.36 

compares the SPL generated by the single rigidly mounted speaker (PBase) with the SPL 

of the door-mounted speaker using FRF sub-structuring of Figure 7.35 (Pdistorted). Using 

Equation (7.27) the SPLCancelation is calculated as shown in Figure 7.37. The drop in SPL 

cancelation in the 20 to 70 Hz range is related to the door stiffness. This can be used for 

example, to assign a minimum of 20 dB cancelation for a specific vehicle program.                         

 It should be noted that the speaker cancelation is reduced near cavity modes 
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resulting in a poor ANC performance. Also, this example does not account for the door 

cavity or vehicle cavity distortions. It rather focuses on the door supporting structure. 

 

 

Figure 7.35 Illustration of FRF sub-structuring door and base speaker  

 

 

Figure 7.36 SPLBase versus SPLDistorted 

 

Figure 7.37 SPLCancelation  
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7.5 Summary 

This chapter highlighted the importance of optimizing the loudspeaker mounting 

stiffness in ANC to enhance audio performance. The stiffness of the door carrier module 

is a significant factor influencing ANC effectiveness. However, the integration of 

speakers into vehicle doors introduces interactions between structural vibrations and 

acoustics, resulting in sound signal distortions. This Chapter provided an overview of 

different distortions but placed emphasis on the door structural distortion. 

This Chapter also presented an analytical approach to calculate the force on the 

speaker diaphragm followed by an experimental verification. In addition, this Chapter 

introduced a novel method for evaluating the effect of door stiffness on ANC 

performance. For that, mathematical models were developed to quantify speaker 

distortion caused by door compliance, enabling an objective assessment of stiffness 

requirements. A new sub-structuring method was also developed to couple the door and 

speaker dynamics and assess the effect of this coupling on the speaker SPL.  
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CHAPTER EIGHT  

 

VEHICLE LEVEL ANC PERFORMANCE PREDICTION  

 

 

 

Vehicle noise is described by a spectrum indicating a different amplitude at each 

frequency. Because of the many frequencies in a vehicle noise signal, the ANC system 

cannot cancel them all. Instead, it selects a narrow band of frequencies and averages out 

the results. This reduces the vehicle noise, but it cannot cancel it.  

Figure 8.1 shows an example of active noise cancelling performance. The black 

line denotes the Power Train (PT) noise with ANC ‘off’ at the driver seat microphone 

location. When the ANC is ‘on’, the noise at the same location is shown with the red line. 

We observe that the cancelation is not uniform throughout the frequency range. At the 

highlighted areas, the ANC system noise attenuation is very small. 

 

Figure 8.1 Example plot illustrating ANC system cancelling PT noise 

  

Various factors such as structural resonances, acoustic characteristics, speaker, 

and microphone placement, among others, significantly impact the ANC performance, 

potentially hindering its effectiveness. These vehicle-specific characteristics can restrict 

the ANC system's ability to cancel noise across certain frequency bands or at specific 
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locations in the vehicle cabin. Our proposed method offers a predictive tool for 

determining the achievable ANC attenuation for noise sources or combinations thereof. 

Moreover, it enables a comprehensive examination of individual contributions from 

factors such as speaker and microphone placement, door stiffness, door and vehicle 

cavity modes, as well as vehicle panel resonances on the overall ANC performance. By 

focusing on a specific frequency range, a detailed analysis of door and vehicle cavity 

modes can elucidate the effectiveness of each microphone and speaker location in 

achieving noise cancelation. This information serves as a basis for optimizing the 

placement of speakers and microphones to enhance noise cancelation performance.  

As previously outlined, a step in developing a predictive ANC model involves 

acquiring the transfer path (TP) functions from speakers to microphone and receiver 

points in the vehicle model. Using these TPs, along with the complete Trim Body in 

White (TBIW), vehicle and door cavities as well as the noise source excitation, we can 

construct a comprehensive ANC FE model which can then be integrated with an audio 

management supplier controller. 

8.1 Vehicle-Speaker Transfer Function FE Model and Experimental Verification 

The speaker model of Chapter 6 can be seamlessly integrated into the full TBIW 

FE model by positioning the speakers in the door structure.  

Figure 8.2 shows the incorporation of speakers into the vehicle and door cavities. 

The speakers are supplied with a constant sine sweep input of 1 volt, and the 

corresponding response is captured for receiver and microphone points, as shown in 

Figure 8.3.  
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Typically, during the initial stages of physical ANC system development, these 

transfer paths (TPs) are measured for each speaker using prototype vehicles. Using the 

Simcenter Testlab, experiments were performed using a 1-Volt constant sine sweep input 

to each speaker and measuring the SPL at microphone locations and passenger-driver ear 

locations. Figure 8.4 shows the vehicle microphones locations and microphones placed at 

passenger and driver receiver points in the experimental test setup. 

 

Figure 8.2 Vehicle speaker integration with vehicle’s cavities 
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Figure 8.3 Microphones and passenger and driver receiver locations  

 

 

Figure 8.4 Passenger and driver receiver locations experimental test setup 

 

The calculation based on a FE model of the transfer paths from the speaker to 

microphones and receiver locations exhibit very good agreement with experimental 

results. Figure 8.5 shows the transfer path from the left side front door speaker to the 

driver right ear and the rear right microphone. This study involves four speakers and 

twelve response points for a total of 48 calculated transfer paths. The transfer paths 

establish the relationship between the electrical input and the SPL at the acoustic 

response point. 
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Figure 8.5 Sample response points correlation for front left speaker TP 

 

8.2  An Audio Management Controller Example 

To demonstrate the use of an ANC controller in a full vehicle vibro-acoustic FE 

model, we examine a simplified road noise problem. Road noise analysis has been a focal 

point of research for several decades. The road profile excites the tire and wheel 

assembly, transmitting energy to the suspension system, which is then transferred to the 

body structure, resulting in road noise in the vehicle cabin. Road noise presents numerous 

challenges, including the random nature of the road profile and the non-linearity in the 

tire and suspension system, among others. Extensive efforts have been dedicated to 

modeling various vehicle aspects to establish a well-correlated methodology for road 

noise. Figure 8.6. illustrates the correlation between experimental results and our 

developed analytical approach for the vehicle throughout this study. Road noise modeling 
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falls outside the scope of this work and is utilized only as a noise source to showcase 

ANC performance prediction. 

 

Figure 8.6 Road noise correlation in 1/3 octave between experiment and simulation 

 

Figure 8.7 shows the SPL of vehicle ANC microphones, and driver ear locations. 

In Road Noise Cancellation (RNC) systems, accelerometers are strategically placed on 

the vehicle's body to capture the dominant (anti-node locations) road induced vibrations. 

These accelerometers detect the vibrations induced by road irregularities and provide 

valuable insights into the specific noise patterns generated during different driving 

conditions. After the RNC controller receives this information, the data is seamlessly 

integrated with the signals from microphones, enabling the RNC system to better 

understand the nature and intensity of road noise experienced in the cabin. 
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Figure 8.7 Road noise SPL at ANC microphones and driver's ear 

 

The integration of accelerometers enables RNC systems to dynamically adjust 

their noise cancelation algorithms in real-time. This dynamic adaptation allows the 

system to respond swiftly to changes in driving conditions such as variations in road 

surface texture or driving speed. By continuously analyzing the accelerometer data 

alongside the microphone data, the RNC system can precisely tailor its noise cancellation 

strategies to effectively counteract the detected road noise, resulting in a quieter cabin for 

vehicle occupants.  

In this Chapter, we investigate the potential of coupling the speaker anti-noise 

with road noise to reduce the effect of road noise in the vehicle cabin. Currently, a full 

RNC model from an audio management supplier is not yet available. Therefore, to 

illustrate the basic coupling between a speaker anti-noise signal and a full vehicle vibro-

acoustic model, we consider a basic ANC optimization problem, as shown schematically 
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in Figure 8.8. For this basic ANC example, we utilize the full vehicle model developed 

throughout this research, comprising four speakers and four microphones. The front door 

speakers are 6x9 inches, while the rear door speakers are of the 6.5-inch type (see Table 

6.1). The microphone responses to the road excitation are shown in Figure 8.7. 

 

 

Figure 8.8 Simplified RNC system (left) and basic ANC optimization problem (right) 

 

The ANC performance is optimized by solving for each Speaker Power Input 

(SPI), as illustrated in Equation (8.1), using a power input specified in terms of voltage. 

The power limit (PL), representing the maximum allowed voltage for the speaker input, 

serves as a constraint. The Sound Pressure from Road Noise (SPRN) is provided by a 

road noise simulation. Transfer paths (TP) are calculated for each speaker to microphone 

locations. The Resulting Sound Pressure (RSP) after adding the anti-noise to the 

excitation road noise in the vehicle cabin is then determined. The optimization problem is 

stated as 
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 𝑀𝑖𝑛𝑖𝑚𝑖𝑧𝑒 RSP = [SPRN] + [TP] × [SPI] (8.1) 

𝑠𝑢𝑏𝑗𝑒𝑐𝑡 𝑡𝑜  0 ≤ [SPI] ≤ [PL]  

The design variables comprise the Speaker Power Input (SPI) for each speaker. The 

resulting sound pressure RSP is a 4x1 matrix that can be expressed as 

[

𝑅𝑆𝑃𝑀𝑖𝑐1

𝑅𝑆𝑃𝑀𝑖𝑐2

𝑅𝑆𝑃𝑀𝑖𝑐3

𝑅𝑆𝑃𝑀𝑖𝑐2

] = [

𝑆𝑃𝑅𝑁𝑀𝑖𝑐1

𝑆𝑃𝑅𝑁𝑀𝑖𝑐2

𝑆𝑃𝑅𝑁𝑀𝑖𝑐3

𝑆𝑃𝑅𝑁𝑀𝑖𝑐4

] + [

𝑇𝑃𝑆1 𝑡𝑜 𝑀𝑖𝑐1

𝑇𝑃𝑆1 𝑡𝑜 𝑀𝑖𝑐2

𝑇𝑃𝑆1 𝑡𝑜 𝑀𝑖𝑐3

𝑇𝑃𝑆1 𝑡𝑜 𝑀𝑖𝑐4

𝑇𝑃𝑆2 𝑡𝑜 𝑀𝑖𝑐1

𝑇𝑃𝑆2 𝑡𝑜 𝑀𝑖𝑐2

𝑇𝑃𝑆2 𝑡𝑜 𝑀𝑖𝑐3

𝑇𝑃𝑆2 𝑡𝑜 𝑀𝑖𝑐4

𝑇𝑃𝑆3 𝑡𝑜 𝑀𝑖𝑐1

𝑇𝑃𝑆3 𝑡𝑜 𝑀𝑖𝑐2

𝑇𝑃𝑆3 𝑡𝑜 𝑀𝑖𝑐3

𝑇𝑃𝑆3 𝑡𝑜 𝑀𝑖𝑐4

𝑇𝑃𝑆4 𝑡𝑜 𝑀𝑖𝑐1

𝑇𝑃𝑆4 𝑡𝑜 𝑀𝑖𝑐2

𝑇𝑃𝑆4 𝑡𝑜 𝑀𝑖𝑐3

𝑇𝑃𝑆4 𝑡𝑜 𝑀𝑖𝑐4

] × [

𝑆𝑃𝐼𝑆1

𝑆𝑃𝐼𝑆2

𝑆𝑃𝐼𝑆3

𝑆𝑃𝐼𝑆4

] 

where 𝑇𝑃𝑆 𝑥 𝑡𝑜 𝑀𝑖𝑐 𝑦 is the transfer path of speaker “x” to microphone “y”, all the terms in 

this equation are complex numbers since both magnitude and phase information are 

needed. The optimization objective reduces the resulting sound pressure at each 

microphone. The optimization problem of Equation (8.1) was solved using a gradient-

based optimizer and the optimal SPI’s were then applied to the speakers. The optimal 

ANC performance is shown in Figure 8.9. It should be noted that during the simulation, 

the speakers generate sound (anti-noise) simultaneously with the road noise input in the 

vehicle cabin.  
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Figure 8.9 SPL at ANC microphones and driver's ear 

 

In the optimization, weights could be assigned to noise attenuation from each 

microphone. In our example, equal weights were allocated for sound reduction across all 

microphones. Note that the front microphone locations are significantly distant from the 

driver's ear location. Consequently, there is a notable variance in sound reduction 

between the two front microphones and the driver's ear.  

The methodology of this Chapter provides an approach for microphone 

placement. Proper assignment of weights among all speakers can also be used to improve 

the ANC performance.  

8.3 Summary  

This Chapter demonstrated the significance of transfer path calculation in the 

building a predictive ANC model. The transfer paths were computed using the developed 

comprehensive vibroacoustic FE model, which was validated with experimental data. The 

Chapter also presented a road noise example demonstrating the effectiveness of the 
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developed ANC system. This study used a basic ANC controller coupled with a full 

vehicle FE model, enabling real-time prediction of ANC performance.  
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CHAPTER NINE  

 

CONTRIBUTIONS AND FUTURE WORK     

 

 

 

9.1 Dissertation Contributions 

The main contribution of this research is the advancement of the state-of-the-art in 

predicting and optimizing the performance of an Active Noise Cancellation (ANC) 

system in vehicles. The developed approach considers the structural and acoustic aspects 

of ANC systems, diverging from the traditional focus on electronic components and 

control algorithms. It also enables a virtual prediction of ANC performance using a full 

vibro-acoustic vehicle model. Additionally, the integration of noise management supplier 

control systems with predictive ANC models was explored, further enhancing the 

predictive capabilities of the developed ANC design methodology. 

Below are specific contributions: 

• Validation and evaluation of a full TBIW vehicle FE model. Chapter 4 provided a 

comprehensive review of the Full Trim Body in White (TBIW) vehicle FE Model, 

assessing its suitability for integration into predictive ANC models. Correlation with 

physical testing demonstrated the accuracy of the developed FE model, and its 

reliability in capturing the vehicle structural vibration behavior. 

• Fundamental analysis of vehicle cavity acoustics. Chapter 5 provided the 

fundamentals of a vehicle cavity acoustic analysis. Using one-dimensional and three-

dimensional closed cavity models, the study validated the efficacy of the developed 

methodology through correlation with physical testing and FE analysis. Also, the 

importance of acoustic mode shapes and cavity excitation characteristics in 
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influencing the system response was emphasized, providing valuable insights for 

predictive ANC modeling. 

• Speaker modeling and representation. Chapter 6 focused on the development and 

validation of speaker models which are critical for accurate ANC system simulations. 

Using detailed FE modeling, closed-form solutions and experimental verification, the 

study demonstrated acoustic models for various speaker and acoustic source 

configurations, including a monopole, a dipole, a baffled moving cone and a non-

baffled moving cone. The optimal representation of loudspeakers, particularly the 

non-baffled moving cone model, was demonstrated using correlation with physical 

tests, highlighting the robustness and applicability of the developed speaker models. 

• Assessment of loudspeaker mounting stiffness. Chapter 7 demonstrated the critical 

importance of assessing the loudspeaker mounting stiffness in ANC applications to 

enhance audio performance. A novel method was proposed to evaluate the door 

stiffness and quantify the speaker distortion caused by the door compliance. This 

allows us to optimize ANC performance for realistic vehicle applications. 

• Significance of transfer path calculation and predictive ANC modeling. Chapter 8 

demonstrated the significance of transfer path calculation in building a predictive 

ANC model. A road noise example demonstrated the effectiveness of integrating an 

ANC controller with a full vehicle FE model, enabling real-time prediction and 

optimization of ANC performance. 

The above contributions significantly advance the understanding and prediction of 

ANC system performance in vehicles, offering valuable insights for predicting ANC 

performance virtually.  
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9.2 Future Work 

• Integrate the developed ANC predictive model with a detailed ANC controller 

from an audio management supplier to reduce tire noise. 

• Develop an ANC predictive model in the time domain to allow its coupling with 

advanced controllers in the time domain. 

• Work with audio management suppliers to enhance and optimize ANC controllers 

virtually using the developed ANC predictive tool.  

• Employ the developed ANC predictive tool to optimize the number and location 

of speakers, microphones, and accelerometers in a vehicle for a specific noise 

cancelation strategy.  
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